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Downsizing of the internal combustion engine (ICE) through turbocharging is one of the 
primary approaches to reduce fuel consumption (FC) and emissions. The challenges for 
turbocharged engines include meeting low-end torque and transient torque response. While 
the Variable Geometry Turbine (VGT) is a proven measure for Diesel engines, quantitative 
understanding is still required to optimise the use of VGT on gasoline engines. 
 
The accuracy of engine simulation, which is crucial in the design process, is largely affected 
by turbocharger modelling. Therefore, a novel turbocharger on-engine mapping facility was 
developed to improve the understanding and simulation accuracy of turbocharging system 
operating under variable pulsating and thermal conditions. 
 
Experimental results demonstrated a 48Nm (17.7%) improvement in maximum torque and 4% 
FC improvement in the boosted region at 2000rpm through replacing the Fixed Geometry 
Turbine (FGT) with VGT on a 2.0 litter direct injection gasoline engine. Simulation was 
carried out using GT-Power to analyse the improvements. A 2.3% FC improvement was 
predicted with 0.6% from reduction in pumping work, 1.5% from combustion thermal 
efficiency and 0.2% from variation of compressor efficiency. 
 
To investigate the effects of turbine size, three VGT sizes were selected and simulated. 
Depending on the size of VGT, the FC at engine speeds 3500rpm and below was reduced by 
0.5 - 1% from the reduction of pumping work. The engine torque knee-point was advanced 
by 100 - 250rpm, and the transient response was improved by up to 4 seconds (73.4%). 
Therefore, further downsizing can be enabled by using VGT. To achieve the full potential 
especially the FC benefits at high speeds, a variable nozzle type VGT assisted by an 
additional waste-gate was proposed. 
 
It is challenging to manage VGT during transients efficiently primarily because of the non-
monotonic characteristics of the turbine response to VGT position. A methodology was 
established to investigate and optimise the transient response. To overcome the challenges 
and to reduce calibration effort, a semi-physical control strategy was developed. The 
optimum VGT trajectories were captured by this control strategy, while PID controller could 
not reach target engine torque in four of six cases simulated. Compared with PID controller, 
the turbocharger response time was improved by 15-19% in the two cases where PID 
controller can reach the target. This novel structure is also applicable to other complex 
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Chapter 1 - Introduction 
 
 
Downsizing through turbocharging is a primary approach to improve the fuel 
economy of internal combustion engines. The Variable geometry turbine (VGT) 
turbocharger, which has the potential to further downsize and improve gasoline 
engines, will be investigated in this thesis. This was achieved through the 
development and use of advanced experiments and modelling techniques which 
improved the understanding of turbocharging systems. A new control strategy was 
also developed to implement advanced boosting on internal combustion engines.  
 
This chapter lays out the background for this project. The aims and principle 
objectives of the thesis will be presented according to the background. This will be 
followed by a description of each chapter in this thesis, highlighting the contribution 
and impact of this work. 
  







Vehicle emission and fuel consumption legislation worldwide are driving 
evolutionary technologies in powertrain development. Despite the differences 
between each local regulations in the past, regulations on fleet averaged CO2 
emission are generally converging to around 100g/km by 2020 [1]. This 
demonstrated the importance and global awareness of vehicle emissions.  In fact, 
meeting these increasingly tightening regulations in a cost-effective manner is the 
biggest challenge for the automotive industry nowadays. 
 
However, there is no single solution for the powertrain design [2]. The selection of 
the powertrain technologies will largely depend on the target market, the applied 
vehicle and the maturity of technologies. A clear trade-off between the payback time 
and CO2 saving has been demonstrated [3]. Therefore, intelligent selection and 
combination of powertrain technologies are crucial. It has been stated that “Detailed 
analysis shows that the Internal Combustion Engine, operating on low carbon fuels, 
with varying degrees of electrification, is the most logical route to future on & off 
highway regulatory & commercial needs” [4].  
 
Roadmaps have been drawn to foresee the potential automotive technology trends by 
2050 [2, 5]. It was predicted that the level of electrification will grow continuously. 
The electric and plug-in hybrid vehicles will play important roles by 2050, dependent 
on the life cycle emissions and the breakthroughs in low cost and high energy density 
battery technologies. The alternative fuels/gases will also be an important part of the 
energy roadmap. In addition, the ICE technologies will still be a prevalent part of the 
powertrain. 
 
The fact that the cumulative small improvements on ICE efficiency had been much 
greater than expected [6] has led to significant investments and R&D in future ICE 
with very high specific power and efficiency. Relative to Euro 4 gasoline engine 
technologies, downsizing of ICE offers potential of over 30% improvement in fuel 
economy at a cost/improvement rate of approximately $24 per gram(CO2)/mile [7, 
8]. On top of this, another 20% fuel economy improvement can be achieved through 






hybridisation at a rate of approximately $80 per gram(CO2)/mile. As the Real 
Driving Emission legislation will be implemented in future emission regulation, 
effective and integrated synergy between ICE technologies and electrification are 
also potential solutions for low carbon propulsion system. Electric turbocharging 
systems can provide additional boost capability during transient events when the 
engine-out NOx emission control is particularly challenging on conventional Diesel 
engines. This will improve the trade-offs between transient response, smoke 
emission and NOx emission. Aftertreatment systems equipped with electric heater 
also has the potential to improve the cold start behaviours. In addition, novel hybrids 
between ICE, mechanical, electrical and hydraulic systems through the use of 
flywheels [9-11] and hydraulic energy storage [12] are also very reliable and cost-
effective solutions.  It was stated that “Both evolutionary and disruptive technologies 
are likely to be successful” [1]. Therefore, the combination of improvement of ICE 
and electrification and other new technologies, such as fuel cell system, will be the 
primary approach to reduce fuel consumption and emission. 
 
Having reviewed these trends in the automotive industry, advanced technologies that 
can improve the efficiency of ICE are of key importance on the energy roadmap. 
These advanced technologies include downsizing & boosting, combustion and fuel, 
valve actuation & cylinder deactivation, thermal management & friction reduction, 
and control optimisation. 
 
In this thesis, a research in the area of downsizing and boosting will be presented. 
This will include investigations into VGT turbocharging system, and necessary 
facilities and tools for understanding and implementing advanced boosting systems. 
1.2. Downsizing and turbocharging of internal 
combustion engine 
Downsizing is a proven approach to reducing the fuel consumption of internal 
combustion engines. Higher efficiency is achieved by moving the engine’s fuel 
efficient zones closer to normal road driving conditions and shifting to a more 






efficient operating region through reducing engine displacement whilst maintaining 
the full load capacity via air charging [13, 14]. Furthermore, the weight of the engine 
and hence that of the vehicle can be lowered [15, 16] and  manufacturing costs can 
be reduced by turbocharging the same base engine [17]. 
 
Turbocharging is one of the primary routes of downsizing [18] and has been applied 
predominantly to the Diesel engine [19, 20]. Although the technology has also been 
applied to other engine types such as the homogeneous charge compression ignition 
engine [21], and also to throttle loss recovery on the gasoline engine [22], it had been 
used on passenger cars as a means to increase the output power of the baseline 
engines. Turbocharged gasoline engines were limited by its combustion system, due 
to knock issues. Recently, turbocharged gasoline engines gained renewed interest 
because of the need for lower fuel consumption and the use of direct injection 
system, which improves the combustion behaviours and knock resistance. Therefore, 
turbocharging can be used as an approach to downsize the ICE.  
 
Since the mass air flow variation of a gasoline engine is significantly higher than that 
of a Diesel engine, matching a turbocharger to a gasoline engine is more challenging. 
An air mass flow ratio of over 80:1 from rated power to idle is required for gasoline 
engines in contrast to the 6:1 ratio for passenger car Diesel engines [23], highlighting 
the necessity of varying the characteristics of the boosting system [15]. The specific 
torque of downsized gasoline engines with single waste-gated turbochargers is high 
throughout the engine speed range except at lower flow rate levels because the 
turbocharger design is usually optimized for medium to high flow conditions, 
compromising the low speed performance [17]. Furthermore, the transient response 
of conventional turbocharged gasoline engines is usually slower than that of naturally 
aspired engines due to the time period required to accelerate the turbocharger, 
provide sufficient boost pressure, and to achieve the maximum engine output [24, 
25]. In addition, as the downsizing trend continues towards more extreme boosting, 
the incremental fuel consumption benefit at part-load operating points becomes 
smaller and the cost of achieving such increments also increases [26]. 
 






However, there are now several advanced boosting system structures with the 
potential to fulfil the key requirements of a fast transient response and high 
efficiency over a wide range of flow rates. These technologies include two-stage 
boosting system, supercharging with variable speed drive system, low speed 
compressor [27-29], electrical boosting system and VGT turbocharger [15, 30]. In 
this project, the potential of VGT turbocharger on gasoline engines will be 
investigated.  
 
Compared to the fixed geometry turbine (FGT) which acts as a set restriction in the 
exhaust system [31], the VGT can vary the gas velocity and flow angle according to 
the engine operating condition virtually instantaneously [32], thereby achieving 
higher turbine efficiency across a wider range of engine speeds and loads [31, 33]. 
Moreover, due to the larger flexibility afforded by varying the engine load via 
controlling the throttle and the VGT, control strategies can be implemented that yield 
improvements in both the steady state and transient performance [34, 35]. 
1.3. Aim and objectives 
The principle aim of this project is to demonstrate the potential benefits of the 
application of VGT to gasoline engines, thus, to show if VGT system is worth 
development on gasoline applications provided that the high exhaust gas temperature 
can be coped with more costly material. This work will use a systematic approach to 
compare the two technologies, FGT and VGT, both experimentally and in 
simulations. In order to enhance the understanding of turbocharging systems on 
downsized engines, novel testing facilities and simulation techniques that have been 
developed in this project have been used to assist the investigation. In addition, a 
novel transient control strategy for complex turbocharging systems has been 
developed and optimised to achieve the maximum potential of the turbocharger 
system. 
 
According to the project aim, the following objectives were laid out: 
 






1. Review the literature in the field of engine downsizing and turbocharging, 
especially the use of VGT technologies on gasoline engines. 
 
2. Define and implement required testing and data acquisition systems. Apply test 
procedures to achieve repeatable and reliable experimental results. 
 
3. Develop an advanced turbocharger testing facility to enhance the understanding 
of turbocharger behaviours under complex operating conditions. 
 
4. Calibrate and use engine models for simulation comparison, and to assist 
experimental investigation. 
 
5. Develop thorough understanding of VGT behaviours at steady state. Demonstrate 
the potential of gasoline VGT technologies for engine steady state operation. 
 
6. Develop thorough understanding of VGT behaviours at transient operating 
conditions. Demonstrate the potential of gasoline VGT technologies for engine 
transient operation, and illustrate the trade-offs between steady state performance 
and transient performance. 
 
7.  Propose and develop a transient control strategy to maximise the potential of 
complex turbocharging systems.  
1.4. Scope of thesis 
The work described in each chapter from Chapter 2 to Chapter 8 in accordance with 
the aims and objectives of the project, are presented below:  
 
Chapter 2 details the fundamentals and compares various types of VGTs. The 
technologies for engine downsizing and the state of art VGT applications on gasoline 
engines are reviewed and summarised. 
 






Chapter 3 describes the facilities and approaches used in the experimental testing. 
The test control system, data acquisition system and test procedures developed 
according the requirements of the experiment are presented. 
 
Chapter 4 presents the novel experimental facility for turbocharger on-engine 
mapping developed in this project. The challenges in turbocharger mapping and the 
countermeasures are discussed. The capability of this facility is demonstrated by 
presenting experimental results and investigations. Future improvements are also 
suggested so as to enhance the capability of this facility. 
 
Chapter 5 demonstrates the procedure that was followed to calibrate an engine model 
for both steady state and transient simulations. The simulation result is validated 
against experimental data. The approaches and modelling techniques are discussed. 
Recommendations are also given for future work. 
 
Chapter 6 presents the steady state comparison between the FGT and VGT 
turbochargers. The investigations are performed in both experiments and simulations. 
Finally, the trade-offs between steady state performances have been demonstrated. A 
novel configuration of variable nozzle type VGT, assisted by an additional waste-
gate is proposed achieve the full potential. 
 
Chapter 7 analyses the fundamentals of the transient behaviours of turbocharged 
engines. Optimisation of VGT transient trajectories are performed in both 
experiments and simulations, so a back-to-back comparison of transient performance 
can be made between FGT and VGT. Finally, the trade-offs between steady state and 
transient performances are presented for the selection of turbocharger technologies 
and turbine sizes. 
 
Chapter 8 presents a novel transient control strategy proposed for VGT turbochargers 
and other complex turbocharging systems. The validation of the strategy is 
performed. The optimum trajectories can be achieved by this strategy, while a simple 
PID controller cannot reach the targets. 
 






Chapter 9 summarises the key outcomes and conclusions of this thesis. 
Recommendations to the application of VGT on gasoline engines are given. In 
addition, the impacts and the contributions of this thesis are also summarised. 
 





Chapter 2 - Review of the application of 




This chapter presents current downsized gasoline engines and the methods applied to 
achieve downsizing for fuel economy. The fundamentals of the VGT turbocharger 
will be detailed, followed by a summary and comparison of the various types of VGT 
suitable for gasoline engine boosting. 
 
Despite the challenges, VGT technology has been used on production gasoline 
engines. This chapter will review the research and production examples of gasoline 
VGT applications. The results of these investigations will be compared and 
summarised in this chapter.  
 
The comparison, discussion and summary in this chapter have been published in the 
form of a review article in the Institute of Mechanical Engineers International 
Journal of Engine Research [36]. 
 
  





2.1. Fundamentals and Types of VGT 
The low speed performance and transient response of a turbine can be improved by 
using a housing with a smaller area-to-radius ratio - the ratio between the turbine 
housing throat area (A) to the radius (R) [37]. Lowering this ratio enables the exhaust 
gas flow to be accelerated to a higher velocity, thus increasing the kinetic energy; 
furthermore, the flow angle at the turbine tip is altered, moving the blade speed ratio 
(the ratio of blade tip velocity to the isentropic expansion velocity) to an optimum 
point, which is approximately 0.7 for an ideal radial flow turbine with a degree of 
reaction equal to 0.5 [38].  However, using a smaller turbine housing also reduces 
output at high engine speed because it acts as a restriction at high mass flow rates 
[39].   Since the appropriate area-to-radius ratio clearly depends on the engine speed, 
one of the main advantages of a VGT turbocharger is that the effective area-to-radius 
ratio and flow characteristics can be rapidly varied to achieve optimum turbine 
efficiency across a wide range of engine speeds.  A further major benefit is that 
compared to the conventional waste-gate turbocharger that controls boost pressure by 
bypassing a portion of the exhaust gas, the VGT turbocharger can allow all the 
exhaust gas to pass through the turbine, reducing the wasted energy at the waste-gate 
[40, 41].  
 
Several types of VGT are available for the gasoline engine boosting application, and 
include the variable geometry nozzle turbine (VNT) [42], variable turbine housing 
throat area (VAT) [43], variable flow turbine (VFT) [44], sliding wall with variable 
axial width [45], and twin scroll switching type [46].  These various forms of the 
VGT vary the effective flow area, either radially or axially. 
 
The VNT, VAT and VFT, depicted in Figure 2.1, vary the throat or nozzle flow area 
in the radial plane.  The vanes on the VNT (shown in Figure 2.2) can be closed to 
reduce the area between the vanes, altering the flow speed and the angle impinging 





the turbine tip in order to increase the kinetic energy at low engine speeds where the 
exhaust gas flow and the contained energy are low [33, 44, 47]. Its flexibility means 
that a waste-gate is not usually required on VNT turbochargers [40]. Moreover, the 
VNT can deliver higher efficiency across the majority of the operating range and a 
larger flow rate ratio - the ratio of the maximum to minimum flow rate - than the 
other types of VGT [37, 38, 44, 47]. VNT turbochargers are already used on various 
gasoline engines such as the Porsche 911 Turbo S. 
 
 
Figure 2.1: VGT types which vary area radially 
Alternatively, by controlling the throat vane angle, the VAT varies the throat area, 
thereby changing the flow velocity and angle. Kawaguchi et al. [44] state that the 
flow rate ratio of VAT is generally lower than the VNT and that a waste-gate may 
thus be required to regulate the exhaust flow since the flow angle impinging the tip 
of the turbine cannot be varied to a large degree. Although lower efficiency and 
control difficulty may thus thwart VAT application, it has higher reliability and lower 





cost owing to the simpler mechanism compared to the VNT. 
 
 
Figure 2.2: Construction of a typical VGT 
Similarly, the VFT has a vane at the throat and a secondary scroll situated outside the 
primary scroll, with the flow within the two scrolls being controlled by the inter-
scroll throat vane [33, 44, 47]. At low flow rates, the secondary scroll is closed and 
the exhaust gas flows through the primary scroll only, while at high flow rates, the 
secondary scroll is opened and the fixed vanes between the two scrolls change the 
flow angle of the exhaust gas; the boost pressure is controlled by continuously 
adjusting the flow control valve [33, 44, 47]. Kawaguchi et al. [44] propose a VFT 
turbocharger designed for gasoline engines and claim that the VFT structure is 
simpler than the conventional VNT, that the cost is lower, and that the device is more 
reliable since there are fewer moving components exposed to the high temperature 
corrosive exhaust gas [47]. A VFT turbocharger with an additional internal waste-
gate is used on the Honda 2.3 L gasoline engine [37]. 
 
In contrast to the above-mentioned VNT, VAT and VFT configurations, devices with 
a sliding wall (Figure 2.3a) vary the throat area axially, and control of the exhaust gas 
flow velocity is achieved by changing the axial displacement of the sliding wall. 
Baines [48] reports that the gap between the sliding wall and the turbine housing 
causes efficiency losses. Petitjean et al. [17] propose a sliding wall VGT 





turbocharger designed for gasoline engine applications in which the sliding wall 
mechanism is controlled by an actuator placed on the turbine housing. It has been 
claimed that its application on gasoline engines offers advantages over the VNT 
turbocharger in terms of cost and reliability. 
 
The twin scroll switching type of turbocharger, shown in Figure 2.3b, has two scrolls 
along the axial direction of the turbine wheel, with one of the two scrolls being used 
at low flow rates to accelerate the flow. The twin scroll structure can clearly only 
provide limited flow rate control and accompanying efficiency improvements since 
the area cannot be varied continuously according to engine operating conditions [33]. 
Furthermore, the additional heat transfer area and friction losses are significant, 
especially at high engine speeds [44]. Capobianco and Gambarotta [49] showed that 
the efficiency of a twin-entry turbocharger under partial admission conditions is 
always lower than that under full admission conditions, with the interaction between 
the two air flow entries being highlighted. Hajilouy et al. [50] illustrated the same 
trend and highlighted flow separation and reverse flow under partial admission 
conditions due to the mixing of the two streams. 
 
Compared to FGT, the flow characteristics of VGT can be varied to optimise the 
turbine operating point. Nevertheless, both the vane angle on VGT and the waste-
gate position on FGT are actuators controlling boost pressure on turbocharged 
gasoline engines. Therefore, VGT turbochargers do not always operate at the 
optimum condition.  
 
Capobianco and Gambarotta [31] tested a VNT (Garrett VNT 025), a VAT (Garrett 
VAT 025) turbine with the same turbine wheel and a FGT (Garrett TB025) with a 
similar turbine wheel. Their study shows that under steady flow conditions at the 
tested (corrected) turbocharger speed, the VNT and the VAT have an efficiency of 
over 50% in approximately 40% of the whole flow range, while the FGT has 





comparable efficiency in only approximately 20% of the flow range, as shown in 
Figure 2.4 [31].  
 
Figure 2.3: VGT types which vary area axially 
 
Figure 2.4: Turbine system efficiency against normalized total mass flow rate 
[31] 
 





The optimum turbine system efficiency of FGT occurs when the waste-gate is almost 
fully closed such that most of the exhaust gas enthalpy can be utilised. On the other 
hand, the optimum turbine efficiency of VGT occurs at an intermediate opening as a 
result of the aerodynamic design of the turbine stage. With the fully closed VGT, the 
efficiency of VGT is lower than FGT due to the high velocity and Mach number at 
the nozzle and hence lower efficiency. However, the resultant high expansion ratio 
and higher isentropic power may lead to higher turbocharger power, which is 
favourable in terms of transient response and achievable boost pressure at low engine 
speed. With a fully opened VGT, the efficiency of turbine wheel is not optimum but 
the larger flow at the turbine rotor resulted in higher turbine system efficiency. It is 
also shown that the efficiency of the VNT is up to 5% higher than the VAT in 
approximately two thirds of the tested region. However, the peak efficiencies of the 
VAT and VNT are lower than the FGT at low vane positions, with both having peak 
efficiencies approximately 3% lower than the FGT. 
 
Indeed, many authors [31, 40, 43, 51-53] have highlighted that the peak efficiency of 
the VGT is slightly lower than a waste-gate turbocharger due to surface friction, 
leakage losses through clearances, and the interaction and disturbance between the 
mechanism and the flow. In particular, Hu et al. [54] present a CFD comparison of 
turbine efficiency with different nozzle clearances, shown in Figure 2.5. It is clear 
that the large clearance on the VNT turbocharger results in a significant efficiency 
drop. 






Figure 2.5: Effects of nozzle clearance on turbine efficiency [54] 
2.2. Challenges of Gasoline VGT Application 
Turbocharging the gasoline engine is, in general, more challenging than boosting its 
Diesel counterpart. The exhaust gas temperature of conventional gasoline engines 
can reach over 1000°C, over 200°C higher than that of Diesel engines [55, 56]. 
Conventional Diesel VGT turbocharger materials and construction cannot normally 
withstand these high temperatures and specialist design and construction are thus 
consequently required. 
 
The VGT mechanism must operate not only at high temperatures but also in an 
oxidising environment with a high concentration of exhaust particles, and has to run 
at high speeds under high friction [32]. Indeed, Ito et al. [37] and Andersen et al. [57] 
affirm that conventional VGT mechanisms have a tendency to stick, causing failure 
when operating under high loads. 
 
Due to the complexity of the VNT mechanism (Figure 2.6), its design is challenging 
[44, 58] and production costs can be higher and reliability lower in comparison with 
the other types of VGT [44, 47]. Shimizu et al. [33] state that larger free play is 
necessary to overcome the large thermal expansion; however, the correlation 





between the actuator stroke and the vane position would also be affected. Arnold et 
al. [32] state that the clearance between the vanes and the housing must be larger to 
prevent vane sticking. Bender et al. [59] state that the turbine rotor of gasoline VGT 
turbochargers is typically larger and heavier than a standard waste-gate turbocharger 




Figure 2.6: VNT mechanism [60] 
In addition to the structural and material aspects of the design, Lezhew et al. [34] 
highlight the difficulties of controlling VGT turbochargers on gasoline engines. 
Gasoline engines use a throttle to control the load in contrast to Diesel engines which 
control the load mainly through the quantity of fuel injected into the combustion 
chamber. As a result, as the intake manifold pressure overshoot is more acceptable 
for Diesel engines, the focus is the speed of intake manifold pressure build-up. 
Conversely, any significant overshoot is undesirable on gasoline engines since this 
will result in a corresponding engine torque overshoot. Therefore, both the speed of 
intake manifold pressure build-up and the avoidance of overshoot are crucial control 





targets of the gasoline application. 
 
Moreover, the flow range of the VGT turbocharger is not always sufficient for 
gasoline engines. Shimizu et al. [33] tested a racing car gasoline engine with a VNT 
turbocharger. Due to the wide flow rate range, an additional waste-gate is required, 
further increasing the transient control challenge. 
 
It has been suggested that exhaust gas pulsation is damped at low vane positions [22, 
40]. Indeed, many authors have found this damping effect on Diesel VGT 
turbochargers [38, 61, 62] which can result in increased residual gas concentration, 
turbine inlet temperature and pumping losses [15]. This is because the exhaust back 
pressure can be reduced by exhaust gas pulsation, therefore, improving the exhaust 
process. In addition, Eichhorn et al. [22] state that the exhaust gas pulsation can also 
be distorted due to the large space between the nozzles and the turbine wheel. Arnold 
et al. [32] also affirm that the exhaust flow can become choked at very low vane 
positions due to the small area between the vanes. Hence, at very low vane positions, 
the efficiency of the turbine wheel is high while the efficiency of the vanes can be 
low. Nevertheless, Gabriel et al. [40] claim that the damping effect may, in fact, be 
beneficial under certain circumstances since transient compressor surge can be 
reduced due to the smaller exhaust gas pulsation [40]. 
 
In summary, table 2.1 shows a comparison of the key aspects of different types of 
VGT turbocharger for the gasoline engine. The VNT type has good efficiency over a 
wide range of flow rate conditions owing to the ability to vary the flow velocity and 
angle to a large extent but has lower reliability and higher cost due to its complex 
mechanism. On the other hand, the VFT and sliding wall types have acceptable 
performance and higher reliability due to their simpler structures. 
 
 





Table 2.1: Comparison of applications for various types of VGT turbocharger 
on the gasoline engine 




Peak efficiency High Acceptable Acceptable Acceptable Low 
Flow range Large Low Acceptable Acceptable Low 
Reliability Acceptable Good Good Good Good 





Yes [59] - Yes [37] Yes [17] - 
2.3. Downsized Gasoline Engines 
Despite the challenges of using VGT on gasoline engines, there are various 
commercial products available on the market, which are compared with other 
downsized gasoline engines in table 2.2. Among the listed engines, two-stage 
boosting systems are used on the three most heavily downsized engines, while 
single-stage boosting systems are used on the engines with the smallest specific 
power, highlighting the necessity of having a two-stage boosting system on highly 
downsized gasoline engines with over 100 kW/L specific power and over 30 bar 
brake mean effective pressure (BMEP) due to limited compressor flow range [63].  
 
The Ultraboost engine utilises various synergetic technologies involving the 
combustion, boosting and exhaust systems, thereby achieving a high level of 
downsizing, and thus satisfactory low end torque and acceptable transient response. 
While it is claimed that this engine is cost effective, maintaining the rapid transient 
response and catalyst light-off is challenging since the two-stage variable valve lift 
system enables engine breathing to be improved at both low and high speeds.  
 





































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































































Further improvements can be realised via a more expensive fully variable valve 
actuation system [73], for example, the Fiat Multiair [74] and BMW Valvetronic 
systems [75]. It has been demonstrated that this type of system can reduce the throttle 
losses [76] and improve the full-load torque [73] by controlling valve opening and 
closing times, valve profile, and overlap period, thus enhancing fuel consumption 
and low end torque. 
 
The Ricardo Hyboost engine achieves downsizing by integrating the engine into a 
micro-hybrid powertrain in which the electric supercharger typically operates for a 
short period of time (typically 1 – 3 s) [69]. Moreover, a water cooled intercooler is 
used on this engine in order to mitigate knock and maintain a stoichiometric air-fuel 
ratio through to full load. 
 
The use of advanced turbocharger materials and improvements in gasoline engine 
design enabled the first application of the VGT turbocharger on a production 
gasoline engine, used on the Porsche 911 Turbo S [40]. This has a similar level of 
specific power but a lower peak BMEP compared to the Ricardo Hyboost engine, 
possibly because it is a production engine applied to a sports car. The maximum 
power of 390 kW is attained at engine speeds of 6250 – 6750 rpm [67]. If the 
turbocharger matching were moved towards lower engine speeds, the low end torque 
and transient response could be further improved. 
 
The Honda 2.3 L engine is a production gasoline engine with a VGT turbocharger 
with the potential to replace a 3.5 L naturally aspirated engine. This engine is used on 
the Acura RDX, launched in the U.S. market in 2006 [37]. A VFT turbocharger is 
installed on the engine with a water-cooled exhaust manifold (WCEM) applied to 
limit the turbine inlet temperature [37]. Furthermore, an internal waste-gate (Figure 
2.7), is used to bypass a portion of the exhaust gas flow at high speeds. Direct-
injection (DI) is not used on this engine, and it is thus possible that the engine could 





be further optimized if DI or a more advanced injection system were used. The VFT 
flow control valve and waste-gate are controlled using the boost pressure by two 
solenoid valves. The flow control valve and waste-gate control strategy are shown in 
Figure 2.8. While the flow range of the VFT the engine with the VFT turbocharger is 
smaller than that of the VNT, the production cost may also be increased due to the 
requirement of having an additional actuator. Nevertheless, it is shown in  that 
although the achievable torque of the VFT turbocharger is almost equal to that of the 
FGT turbocharger at all operating points, high engine torque can be produced 
throughout a wider engine speed range. 
 
 
Figure 2.7: Schematic of the control system of the Honda VFT turbocharged 
engine [37] 
The Mahle downsized single stage boosted engine is a prototype gasoline engine 
with a VGT turbocharger. A Diesel type VGT turbocharger, which has a design 
turbine inlet temperature limit of 850°C, is used [13]; a WCEM controls the turbine 
inlet temperature.  
 
 






Figure 2.8: Control strategy of the VFT valve and the waste-gate [37] 
 
Figure 2.9: Comparison of VGT and FGT turbochargers [37] 
Other technologies can facilitate gasoline VGT application. For example, integrated 
WCEM, which has been used on the Ford 1.0 L Ecoboost, the Audi 1.8T [77], and 
the ‘Sabre’ engine [78], can be beneficial in terms of packaging, engine weight and 
cold start. However, WCEM can limit the low end engine torque since it reduces the 
available exhaust gas energy. 
 
External exhaust gas recirculation (EGR), used on the Ultraboost, Hyboost and 
downsized engines of Mahle, can mitigate knock [79], which is one of the key 
limiting factors of downsized gasoline engines due to the increased chemical reaction 





rates under high charge temperatures, especially at low engine speeds at which the 
overall combustion time is increased [80]. Therefore, this allows the turbocharger to 
boost the engine to achieve higher BMEP at low engine speeds. 
 
EGR also enables both advanced spark timing and minimal fuel enrichment. 
Moreover, Turner et al. [81] report that on a tested engine, the required Lambda at 
5000 rpm full load is increased from 0.95 to 1 by adding 4% cooled EGR, as shown 
in Figure 2.10. Further advantages comprise the reductions in exhaust gas 
temperature and required over-fuelling possible through external EGR [82]. In 
addition, it has been highlighted on Diesel engines that the VGT turbocharger can 
provide further opportunities to control the EGR rate  [61]. This is a result of the 
relatively low efficiency of the VGT turbocharger at the near fully closed position. 
Thus, the EGR flow is driven by the differential pressure between exhaust manifold 
and inlet manifold.  
 
 
Figure 2.10: Effect of EGR rate on Lambda and spark advance [81] 
 





In fact, this is also a solution for gasoline engines with lean or stratified combustion 
systems which require the reduction of NOx. Recently, spray guided direct injection 
(SGDI) enabled stratified combustion systems on both production engines [83, 84] 
and research prototype engines [85]. A minimum BSFC of 220 g/kWh has been 
achieved on a SGDI engine thanks to the reduction in cylinder wall heat transfer, 
lower exhaust gas enthalpy and reduced pumping losses [85]. In general, on these 
engines, stoichiometric combustion is only required at above approximately 7 to 8 
bar BMEP, or above 3500 rpm engine speed [83, 86]. Compared to Diesel engines, 
SGDI may become a cost effective solution in some applications due to the lower 
cylinder pressure and fuel rail pressure. The independent control of injection timing 
and spark timing offers flexibility to optimise the thermodynamic processes. In 
addition, the potential of operating at compression ratio approximately 1.5 higher 
than conventional direct injection turbocharged gasoline engine the lower exhaust 
gas temperature may enable the VGT technologies [87], and the higher mass air flow 
at low load also improves turbocharger response. 
 
The synergy between several technologies offers great potential on downsized 
internal combustion engines. And the uses of technologies on combustion system, 
scavenging system, thermal management system, and air-charging system will 
diversify depending on the application.   
2.4. Gasoline VGT Studies 
Gabriel et al. [40] presented the first production gasoline engine with an electrically-
actuated VGT turbocharger, which came onto the market in 2005; details of the 
engine performance are listed in table 2.2. The turbine inlet temperature limit of this 
turbocharger is 1000°C [59], achieved through more costly material and a turbine 
housing design with a coolant circuit which can reduce the peak temperature of the 
piston ring by up to 150°C [40]. Additionally, an elastic heat shield behind the 
turbine is used to prevent the exhaust gas from flowing into the bearing housing and 





overheating the piston ring. It has been claimed that the next iteration of this 
turbocharger will be designed for a turbine inlet temperature of 1050°C. 
 
Wieske et al. [64] tested a 1.4 L two-stage boosted (supercharger and turbocharger) 
production gasoline engine with various exhaust systems. The full load BMEP at 
1000 – 2500 rpm is reduced by up to approximately 6 bar by adding a WCEM 
upstream of the original turbocharger (Figure 2.11). The original turbocharger was 
then replaced with a Diesel VGT turbocharger, and at engine speeds above 2000 rpm, 
the Diesel VGT and WCEM can reach the same BMEP as the original supercharger 
and turbocharger configuration. However, at engine speeds of 1000 – 1750 rpm, the 
achievable BMEP is only up to 1 bar higher than that of the original configuration 
without the supercharger. Therefore, although the drop in BMEP due to the WCEM 
can be compensated by the VGT turbocharger, the improvement at low engine speeds 
is modest [64], possibly because the heat rejection capability of the WCEM is 
designed for the Diesel type VGT turbocharger. This could be improved if the turbine 
inlet temperature limit was higher and the heat WCEM rejection reduced. The full 
load BMEP at 5000 rpm is increased by approximately 1 bar by replacing the 
original turbocharger with the Diesel VGT, whilst the full load BSFC at 2500-
4500 rpm is reduced by up to approximately 15 g/kWh at 2500 rpm (Figure 2.12), 
though is larger at higher engine speeds. 
 
From tests with a VFT engine, Ito et al. [37] report that the fuel consumption at 1500 
rpm at a power output of 12.5 kW is 12% lower than a 3.5 L naturally aspired 
gasoline engine of similar engine output and that it is also comparable to a 2.5 L 
naturally aspired gasoline engine. The transient boost pressure response of the engine 
with and without operating the VFT valve is shown in Figure 2.13. With the flow 
control valve open, the turbocharger characteristics are similar to those of a large 
conventional turbocharger. At 2000 rpm, approximately 40 kPa higher boost pressure 
is achieved in a shorter time by controlling the VFT valve, and at 4000 rpm, the time 





to achieve the required intake manifold pressure is reduced from 1.7 to 0.4 s. 
 
 
Figure 2.11: Effect of WCEM on BMEP [64] 
 
 
Figure 2.12: Over-fuelling requirements and BSFC comparison [64] 
Yang and Wang [15, 88] have presented simulation results of a Turbo-Cool 
Turbocharging System in which a VGT turbocharger is used. It is claimed that using 
a VNT turbocharger may result in high knock intensity due to the high mixture 
temperature at the start of combustion and high peak in-cylinder temperatures found 
in the simulation. 





Gabriel et al. [40] tested a Diesel VGT turbocharger on a 2.2 L DI gasoline engine, 
finding that the maximum power of the engine is increased by 6% compared to the 
FGT configuration. The achievable BMEP at engine speeds above 3000 rpm is 
increased by up to 2 bar whilst it is decreased by up to 0.5 bar at engine speeds below 
3000 rpm. It is shown that the pressure drop across the engine is largely affected by 
the back pressure at BMEP above 12 bar. In fact, the pressure drop is increased by 
approximately 250 mbar at engine speeds above 2500 rpm at full load, indicating a 
reduction in pumping losses, which depend on the turbine efficiencies (Figure 2.14). 
However, the pressure drop is reduced by 20 mbar at 1000 rpm at full load, and at 
low levels of BMEP (12 bar), the pressure drop is reduced by up to 50 mbar. 
Although VGT efficiency is significantly higher than the FGT at engine speeds 
above 2000 rpm at full load when the waste-gate is open, it is lower than the FGT at 
certain low levels of engine speed. In spite of the low efficiency at low vane 
openings, improvements in fuel were demonstrated (Figure 2.15). Although the 
BSFC at full load is increased by up to 18 g/kWh at some engine speeds below 
3000 rpm, it is decreased by approximately 10 to 23 g/kWh at engine speeds in 
excess of 3000 rpm. Moreover, the optimum BSFC was reduced from 235 g/kWh to 
230 g/kWh. Therefore, the VGT can improve both the both engine output and fuel 
consumption at high engine speeds. 
 
Serrano et al. [89] carried out simulation studies on the use of VGT on a modern 
2.0 L gasoline engine using a calibrated one-dimensional engine model. The 
characteristics of the FGT in the model were scaled to predict the effects of the VGT 
turbocharger. The VGT turbine size and intake valve timing were varied in order to 
optimise the engine steady state operation. The data showed that the full load torque 
was improved by approximately 2% to 10% at engine speeds between 500 and 
5500 rpm. The torque increase at speeds 2000 - 4000 rpm was generally in the range 
of 2% to 3%, while the improvements at 1500 rpm and 5000 rpm were 10% and 6%, 
respectively, owing to the fact that turbocharger matching of the original FGT 





turbocharger represented a trade-off between the performances at low and high 
speeds. The study verified that the VGT is equivalent to the use of multiple FGT 
turbochargers targeting different engine operating regions. Engine part load operation 
at 7 bar BMEP 2500 rpm was also optimised and the specific fuel consumption was 
reduced by 3%. Regarding the transient response, the time required to achieve 
1.6 bar intake manifold pressure (from 0.2 bar) was reduced from 3 s to 1.6 s.  
 
 
Figure 2.13: Transient response comparison [37] 
Andersen et al. [57] tested five different VNT turbochargers, one VFT turbocharger 
and one FGT turbocharger on a 2.0 L gasoline engine. Although the matching 
between the turbocharger and the engine and that between the compressor and 
turbine was not optimised, the benefits of using the VGT turbocharger were, 
nevertheless, evident from the study (Table 2.3). All five VNTs and the VFT 





produced higher peak BMEP at both low and high engine speeds. However, there 
was a 0.5% drop at 1500 rpm for VGT (D). The maximum improvement in low 
speed BMEP was 22% while the same VNT (C) turbocharger improved the BMEP at 
high speed by 3 - 5%. In the transient test, VNT (C) increased the IMEP 2 s after tip-
in by 0.6 bar at 1500 rpm. It is shown that not all the VGT turbochargers can improve 
the transient response, possibly due to the test setup, in which the VGT positions 
were held constant while an additional waste-gate was used to control the boost, 
limiting the potential to improve the transient response. 
 
 
Figure 2.14: Full load turbine system efficiency comparison between FGT and 
VNT [40] 
While several studies have investigated VGT turbocharging application on actual 
engines, few on-vehicle tests have been carried out. Nevertheless, Lundstrom and 
Gall [24] tested a VAT turbocharger (Aerodyne Dallas Aerocharger) and a FGT 
(Garrett T03) on a 1979 Ford Mustang with a 2.3 L gasoline engine, stating that the 
compressor map for the VAT is comparable to that of the FGT. The boost gauge 
pressure targets for the FGT and VAT were 1.655 bar and 1.621 bar, respectively. The 
test results (Table 2.4) revealed reductions in acceleration times and distances of 9.7 - 
28.8% and 9 - 29.1%, respectively. The required time to reach a boost gauge pressure 
of 0.586 bar is lowered by over 49% in test 5, again demonstrating that the VGT can 





significantly improve the transient response. 
 
Figure 2.15: Comparison of BSFC between VFT and VGT [40] 
Table 2.3 :Comparison between VGT and FGT on a 2.0 L gasoline engine 
(approximation) [57]
 Full load 























+5% +13% +12% 13.4 14.7 
VNT 
(B) 
+20% +11% +12% 11.5 13.5 
VNT 
(C) 
+22% +5% +3% 13.0 15.5 
VNT 
(D) 
-0.5% +11% +12% 12.8 14.3 
VNT 
(E) 
+20% +11% +13% 12.9 15.2 
VFT +12% +10% +8% 11.7 13.2 
FGT - - - 13.3 14.9 
 
 



















































































































































































































































































































































































































































































































































The potential of the VGT turbocharger to improve downsized gasoline engines has, 
therefore, been demonstrated in numerous studies. In spite of the difficulties involved 
in developing a robust and efficient control strategy for the VGT turbocharger, it has 
been successfully applied on production gasoline engines and has improved the 
steady state and transient responses of various engines. 
2.5. Control Strategy 
The VGT turbocharger can provide a higher degree of freedom in air flow rate than 
FGT turbochargers largely due to the flexibility of varying the turbine characteristics. 
The control strategy is thus crucial to effective application of the VGT turbocharger 
on gasoline engines.  
 
Kaiadi et al. [90] show that on a spark-ignited natural gas engine, the load of the 
tested gasoline engine can be controlled in 60% of the whole engine operating region 
by varying the vane position of the VGT turbocharger, as illustrated in Figure 2.16.  
The pumping losses are reduced, and hence the strategy is shown to be beneficial 
with regard to low load fuel consumption. However, the transient response is affected 
due to the lower turbocharger speed at low engine load - the transient response at 
1000 rpm is 20% slower under this control strategy. 
 
Ericsson et al. [91] discuss the potential for improving the transient response by 
using optimised VNT and a variable valve timing (VVT) control strategy. VVT 
settings (0, 39 and 78° of valve overlap) were simulated at 1750 rpm starting from an 
initial IMEP of 3 bar (Figure 2.17). The transient IMEP response is largely affected 
by the control strategies from approximately 0.2 s to the end of tip-in (1.5 s after tip-
in), with up to approximately 5 bar IMEP difference being apparent. A fully closed 
strategy results in an IMEP drop at approximately 0.3 s after tip-in, which is 
undesirable in terms of drivability and is caused by the high back pressure developed 
when the compressor power is insufficient to build up the boost pressure, and a large 





portion of turbine work is thus used to accelerate the turbocharger. Although the 
IMEP at 1.5 s post tip-in is higher, the IMEP integral is still lower, which may result 
in a longer vehicle acceleration time. With this in mind, a new parameter (the product 
of volumetric efficiency and the turbine pressure ratio) was proposed as a target to 
optimise the transient control strategy. The authors state that the engine breathing 
process, important during the first 0.3 s in the tip-in, can be represented by the 
volumetric efficiency element of the parameter, while the turbocharger acceleration 
process, dominant during the second phase of tip-in, can be represented by the 
turbine pressure ratio part in the parameter. It is shown that the optimised control 
strategy using this parameter delivers the same initial IMEP response, whilst the 
IMEP at 1.5 s after tip-in is increased by approximately 1.5 bar. 
 
 
Figure 2.16: The operating range (specified with dashed lines) in which the load 
can be controlled by the vane position [90] 
Lezhew et al. [34] have also investigated various control algorithms for throttle and 
VGT control on the gasoline engine, evaluating the time taken from the maximum 
response to reach a set proportion of the reference pressure along with the degree of 
overshoot. The best solution was found to controlling the throttle position by a feed 





forward plus proportional-integral controller on the intake manifold pressure, while 
the VGT position is controlled by a second feed-forward plus proportional-integral 
controller on a weighted sum of intake and exhaust manifold pressure.  
 
Flärdh [92] carried out simulation studies and optimised the VGT position and valve 
timing settings to achieve high torque integral in the first 1.5 s of the transient 
response. The optimum valve position trajectories has a relatively constant pressure 
ratio across the engine (the ratio of exhaust manifold to intake manifold pressure) at 
approximately 1.15. Therefore, a feedback control strategy was implemented in 
experimental work; compared to the base calibration, the IMEP integral was 
improved by 2%, 4.1% and 5.5% at 1500, 1750 and 2000 rpm, respectively. 
  
 
Figure 2.17: Transient vane position control strategies [91]
2.6. Summary 
The various comparisons between FGT and VGT turbocharging from the 
experimental and simulation studies in the literature are summarised in table 2.5, 
with the stated values being averages taken from each study. It is clear that there 
have been reported improvements in many key aspects including full load 





performance, part load fuel efficiency, transient response and load control range. The 
full load performance improvement has reached levels of up to approximately 15%, 
which was also due to turbocharger matching and may differ at different engine 
speeds. The part load fuel consumption was improved by 2 – 7% and the transient 
response improvement occurred over a wide range owing to differences in testing 
methodology, for instance, in terms of vane control.  
Table 2.5: Summary of VGT and FGT comparisons 
Author 
Average of reported improvement  




(time to reach 
target torque) 
Comments 
Wieske et al. 
[64] 
Up to + 10%   
The use of a Diesel 
VGT may require 
excessive WCEM 
cooling  
Gabriel et al. 
[40] 
Up to +12% at 
above 3000 rpm, 
-4% bar at 
below 3000 rpm 
2 – 7%  
Turbocharger 
matching may have 
affected low speed 
performance 
Serrano et 
al. [89] 2 – 10% 3% +46.7% 
VGT fully closed at 
low load point in 
transient test 
Andersen et 
al. [57] +11%  -8% 
VGT position held 
constant in transient 
test 
Lundstrom 
and Gall [24] 
  +20% 
Tested on vehicle 
2.7. Conclusions 
This chapter reviewed the fundamentals, research and studies of the application of 
VGT on downsized gasoline engines. The following points can be drawn from the 





literature to provide an overview of the potential of VGT and future technologies on 
downsized gasoline engines: 
 
1. Although the peak efficiency of VGT is slightly lower than that of FGT, the 
turbine system efficiency of VGT may be significantly higher due to the by-
passed exhaust flow on FGT. Therefore, the engine pumping work can be 
reduced. 
 
2. Five types of VGT which vary the turbine flow area either radially or axially 
were compared. While the variable flow type and sliding wall type have higher 
reliability and lower cost, the variable nozzle type has superior peak efficiency 
and flow rate range. The selection of the type is dependent on the trade-off 
between peak efficiency, flow range, reliability and cost. 
 
3. The challenges of applying VGT on gasoline engines are mainly the harsh 
exhaust environment, complex mechanism and transient control. In spite of the 
challenges, two of the five types have been used on production gasoline engines. 
 
4. The reported benefit in engine fuel consumption was around 5%, and 
improvements in the full load torque and transient response of up to 12% and 
50% respectively were seen. Therefore, the results of experiments and 
simulations in this project will be expected to be of similar range. 
 
5. The latest gasoline engine technologies that have been used on production and 
prototype engines were reviewed. The synergy between the technologies on 
combustion system, scavenging system, thermal management system, and air-
charging system will facilitate VGT application on these engines, and hence 
further improve the efficiency of the gasoline engine. 
 









In this chapter, the experimental facilities and approaches used in this project are 
presented. This chapter is formed of three sections. In the first section, the necessary 
changes and setups required in the test cell are described. The requirements of the 
experimental work are summarised according to the project objectives in the second 
section. In the third section, the test system, data acquisition system and testing 
procedure that were specifically designed to meet the requirements of the 
experimental work are described. 
  





3.1. Engine hardware 
The engine used in this project was a 2.0L gasoline engine equipped with 
turbocharger system, direct injection, and continuously variable valve timing. The 
maximum torque and rated power from the production calibration was 300Nm and 
150kW. This was a modern downsized gasoline engine, therefore, it was chosen to 
be used as a platform to investigate the potential of advanced turbocharging systems 
for further downsizing gasoline engines. This baseline engine was instrumented and 
tested on a transient test bed at the Powertrain and Vehicle Research Centre at the 
University of Bath. 
 
The gearbox was removed and replaced with a direct drive, which was connected to 
the dynamometer. In order to have wide operating range and precise control of the 
engine boundary conditions, the external cooling circuit for the engine coolant was 
replaced with a water-to-coolant heat exchanger. In addition, the intercooler was 
replaced by a water-to-air heat exchanger. Therefore, the temperatures of the engine 
coolant and the engine intake air could be controlled by varying the water flow rate 
in each heat exchanger. 
 
Since the engine was used as a platform for investigation of the turbocharging system, 
including the production unit and prototype hardware, custom-made exhaust 
manifold and adaptors were used for the prototype hardware. The length of the 
exhaust runner and the volume of the collector were maintained at the same level as 
















Figure 3.1: Photograph of experimental facility 





3.2. Purposes and requirements for the experimental 
campaign 
In general, the experimental work was carried out for two purposes. The first was to 
identify experimentally the improvements from using a VGT turbocharger compared 
with a FGT turbocharger on a downsized gasoline engine. This allowed the 
investigation of the differences between the two systems explicitly, without the 
concerns about the assumptions and uncertainties in the simulation. 
 
Nevertheless, limitations exist in experiments. For example, only a limited number of 
items of hardware can be tested in experiments. Besides, a number of parameters are 
difficult to measure. For instance, it was difficult to measure the instantaneous 
temperature and mass flow rate of exhaust gas under pulses. Therefore, the 
experimental results were also used for the second purpose: calibration of a high 
fidelity 1-D engine model for tests that cannot be carried out in experiments, for 
example, the scaling of the size of turbochargers. To investigate the full potential of 
the system, the response of the actuators can be assumed to be instant. 
 
Therefore, the requirements of the experiments can be defined as follows: 
 
1. In order to carry out back-to-back comparison and to have flexibility in 
controlling the engine operating point, ECU parameters need to be monitored 
and controlled. Actuators on prototype hardware also need to be controlled 
precisely. In order to carry out repeatable experiments, test systems that allow 
flexible and automated experiments are required.  
 
2. For the investigation of the turbocharger behaviour, the pressures at the 
inlet/outlet of the compressor and turbine need to be measured at high 
frequency (at 1 degree engine crank angle or higher frequency). In addition, 
in order to calibrate the combustion model for the high fidelity engine model, 
the cylinder pressure data is required for each cylinder. To eliminate the 
uncertainties about the resident gas fraction and trapping ratio at each 





cylinder, Three Pressure Analysis (TPA) was used for the calibration. This 
requires instantaneous pressure at each inlet port and exhaust port. The details 
of the TPA study will be discussed in Chapter 5. 
 
3. In order to eliminate the uncertainties about the boundary conditions and the 
thermal conditions of the engine, these parameters need to be monitored and 
maintained for reliable test results.  
3.3. Test cell setup 
To fulfil these requirements of the test system, the measurement system and the test 
procedure were defined as follows: 
3.3.1 Test control system 
The test cell was controlled using the CP Cadet host system. It controlled the 
dynamometer, test cell facilities and engine pedal box, and it had interfaces with 
ECU communication software, data acquisition system, and prototype system control 
software, as shown in Figure 3.2. Customised control functions and programmes 
were allowed using Visual Basic. This offered sufficient flexibilities in monitoring, 
processing and controlling the tests. Digital output channels were set up to control 
the other interfaced system. Therefore, the engine, test facilities, and measurement 
system could be controlled automatically to perform fully automated tests. 
 
An ASAP3 link was used for the communication between the host system and ECU 
calibration software ATI Vision, which was operated on an independent computer. 
ATI Vision also communicated with the ECU via CAN Calibration Protocol (CCP). 
Back-to-back comparison can be made by controlling and monitoring the ECU 
parameters and engine actuators on ATI Vision. In addition, selected channels can be 
transferred to CP Cadet and recorded. 
 






Figure 3.2: Test control systems 
In order to control the VGT actuator on prototype hardware, dSpace Micro Auto Box 
was used. The actuator was cooled using the engine coolant, and the temperature was 
monitored in dSpace. In transient tests, the user-defined VGT trajectory can be 
automatically triggered using the pedal position voltage signal from CP Cadet. 
 
Since transient response was to be measured in the experiments, the response of the 
communication between each system and the response of actuators were important 
for repeatable and reliable test results. Figure 3.3 shows a group of VGT trajectories 
recorded in automated transient tests. The dotted lines represent the target VGT 
trajectories and the solid lines represent the actual VGT trajectories recorded from 
the actuator. In general, the response time of the VGT actuator was approximately 
0.1 to 0.15 seconds. This was sufficient for conducting precisely controlled 
automated transient experiments. 
 
Figure 3.3: Target and actual VGT trajectories 





3.3.2 Measurement system 
Data were logged in three systems: Dewetron, ATI Vision, and CP Cadet. The 
resolution of the high frequency data recorded in Dewetron was 0.5 degree crank 
angle, which was equivalent to a maximum sampling frequency of 78kHz at 
6500rpm. These data were used for the investigation of the behaviours of the engine 
combustion system and the turbocharging system. 
 
Kistler and Dewetron amplifiers were used to amplify the voltage signals from the 
transducers to measureable voltages. An engine crankshaft encoder was required to 
provide the engine crank angle position signal to Dewetron. A digital output channel 
from CP Cadet was used as the triggering signal for the Dewetron logging system. 
 
In addition, low frequency data were also recorded in ATI Vision and CP Cadet. 
Selected ECU parameters can be recorded in ATI Vision at 100Hz. This was used to 
investigate the behaviours of the engine control strategy and to calibrate the control 
strategy. In addition, in CP Cadet, all the output control signals and input sensed 
channels were recorded at 80Hz. The key sensors in the experiments are listed and 
shown in Table 3.1 and Figure 3.4. 
3.3.3. Test procedures 
Three types of experiment have been performed: two steady state tests and one 
transient tip-in test (which represents a sudden increase of engine load demand, 
usually from low load to full load). In order to obtain reliable test results, detailed 
procedures were followed and programmed in the automated tests. Therefore, the 
engine boundary conditions and thermal conditions were maintained at the same 
level for the same type of tests. It is worth noting that perfect test conditions can 
never be reached in real world situations, and there is always a trade-off between the 
reliability of the test results, and the testing time and complexity. As a result, a 
procedure based on assumptions and experience needs to be followed to achieve the 
best reliability within constraints. 
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F: Flow measurements; T: Temperature measurements; P: Pressure measurements;  
Pf: Fast pressure measurements; S: Turbocharger speed measurement 
Figure 3.4: Layout of the test facility 
3.3.3.1. Steady state tests 
Steady state tests were performed to understand the engine behaviours at various 
engine speeds and load operating points. Since the calibration of the high fidelity 1-D 
engine model was largely dependent on the steady state test results, a large number 
of engine operating points were tested to map the engine with production setting, and 
to cover a wide engine operating range. In total, 46 engine operating points were 
tested. The tested engine operating points are shown in Figure 3.5. The test campaign 
consisted of engine load level 20%, 40%, 60%, 80% and 100%. In addition, the 
engine idle condition is also included. It is worth noting that the full load torque 
curve at lower engine speeds was slightly reduced due to knock protection.    






Figure 3.5: Engine operating points for steady state 
The test procedure for the engine mapping test was as follows: 
 
1. Safety inspections 
2. Engine start and idling 
3. Engine warm-up at mid load 
4. Ramping up to test point of maximum speed and maximum load 
5. Stabilise at target operating point for 5 minutes, followed by recording 
6. Ramp to next test point and repeat step 5 
7. Back to idling 
8. Switch off engine 
9. Safety inspection 
 
It is worth noting that the sequence of the test points was defined so that the engine 
load decreased from 100% to 20%, following the line shown in Figure 3.4. Therefore, 
the engine thermal condition was maintained at a relatively similar level between 
each test point. This helped to simplify the calibration of the engine model, since the 
uncertainties of the thermal condition were minimised. In addition, the operation 
procedure for recording at each test point was programmed, so that the beaker in the 
fuel consumption measurement system was always full before triggering the logging 
systems at each point. 
 





In addition to the engine mapping tests, engine actuator sweep tests were also 
performed to investigate the potential of using VGT on a downsized gasoline engine. 
Sufficient time for engine warm-up and stabilising was given to provide reliable test 
results. 
 
At each steady state test point, the data in CP Cadet and ATI Vision were recorded 
for 100 seconds. The high frequency data in Dewetron was recorded for 300 
consecutive engine cycles, which was equivalent to approximately 36 seconds and 
6.2 seconds at 1000rpm and 5800rpm, respectively. Matlab was used to process the 
data and to calculate averaged data for each channel. For low frequency data, the 
averaged data were condensed to 1 data point per channel per test point, while for 
high frequency data averaged cycle data were obtained by averaging the data at each 
crank angle. 
3.3.3.2. Transient tests 
Transient tip-in tests were performed to investigate the transient response of the 
engine system. In these tests, the pedal position was set in close loop control to 
maintain target engine load before tip-in, typically 2bar BMEP. The pedal position 
was set to 100% at tip-in. At the same time, the VGT position control was set to 
transient mode in which the pre-defined trajectory was used. 
 
In order to reach a similar thermal condition to that of the steady state tests, the same 
warm-up procedure was used at the start of each test campaign. In addition, five 
minutes were allowed for stabilisation before each tip-in. Although the engine 
coolant and oil temperature were maintained by the close control of the fluid circuits, 
variations in the metal temperature of the engine block were expected. However, the 
metal temperature was not monitored and it was difficult to control. Therefore, the 
duration of each tip-in test was designed to be as short as possible. In each tip-in test, 
the target engine load was lowered to settling point within 10 seconds after tip-in. 
Both the low frequency data and high frequency data were recorded for fixed periods 
of time covering 5 seconds before tip-in and 10 seconds after tip-in. 
  






The engine hardware and testing facilities have been presented in this chapter. The 
purpose of the experiments in this project was also described. This has led to the 
requirements for the design and setup of the experimental facilities, data acquisition 
system and test procedures. The following conclusions can be drawn: 
 
1. Necessary changes have been made on the engine cooling system and gearbox to 
install the engine in the test cell. In order to use the engine as platform to 
investigate candidate turbocharging system, custom-made exhaust manifold and 
adaptors were used. 
 
2. The purposes of the experiments are: 
 
a) Assess novel turbocharging systems 
b) Provide experimental data for engine model calibration 
 
3. According to the purpose of the experiments, the following requirements for the 
experiment setup have been considered: 
 
a) Automated test control systems for repeatable experiments 
 
b) High frequency data acquisition system for investigation of turbochargers and 
calibration of engine combustion model 
 
c) Detailed test procedures for reliable test results 
 
4. The test control systems, data acquisition system and test procedure have been 
designed to meet the requirements of the experiments 
 
a) Communication between the test host system, ECU calibration tool, prototype 
hardware control system and the data acquisition system has been setup for 
precise control and repeatable automated testing. The VGT actuator response 





time was approximately 0.1-0.15 second. 
 
b) Experimental data has been recorded in the host system, the ECU calibration 
tool and in the high frequency data acquisition system. The key measurement 
channels were summarised in this chapter. 
 
c) In order to achieve reliable test results, detailed test procedures have been 
designed and conducted for automated steady state and transient tests. A 46 test 
point engine mapping experiment has carried out to provide data for engine 
model calibration. Actuator sweep tests have been performed to investigate the 












In order to investigate the behaviours of turbocharging systems under on-engine 
operating conditions and to improve the turbocharger modelling techniques, an 
on-engine turbocharger mapping facility has been developed at the University of 
Bath. Details on this facility are presented in this chapter. 
 
Firstly, the challenges in using the turbocharger maps collected from conventional 
gas-stand and their countermeasures are discussed, which leads on to the 
requirements for novel mapping facilities to investigate the turbocharger behaviours 
in more detail. In the second section, the layout of the facility, the measurement 
system and the test procedure are presented. 
 
A VGT turbocharger has been mapped using this facility, and the test results are 
discussed in section 3. The test repeatability and the effect of pulsating and thermal 
conditions are presented in this section. In addition, necessary future improvements 
are recommended in section 4. 
  





4.1.1. Challenges in using conventional turbocharger 
performance maps in engine simulation 
Engine simulation is widely used in the automotive industry, thanks to the fast 
simulation speed and good accuracy. This is particularly useful in design 
optimisation, new technology assessment, turbocharger matching and understanding 
engine behaviours. Nevertheless, prediction and simulation of internal combustion 
engines with increasing levels of downsizing and turbocharging have currently 
become more challenging [93]. Many authors have shown the lack of accuracy in the 
turbocharger sub-model in 1-D engine models that resulted in the discrepancy 
between simulation and measurement [94]. The main reasons for this include the 
effects of exhaust gas pulsation and heat transfer, and the small operating range 
tested on a conventional gas-stand. 
 
On downsized internal combustion engines, the number of cylinders may be reduced, 
causing a longer interval between the blow-down process of each cylinder, and hence 
stronger pulses at the inlet of the turbine housing. The use of twin-entry or 
multi-entry turbines may also result in higher exhaust pulse magnitudes. In the 
conventional turbocharger mapping process, measurements are conducted under 
steady flow, and quasi-steady operation of the turbocharger is assumed in engine 
simulation. However, Chen et al. [95, 96] studied the effect of unsteadiness at turbine 
volute and rotor by calculating the Strouhal number: unsteady effects dominated if it 
was above unity, and steady effects dominated if it was less than unity. The results 
showed that the rotor could be considered as quasi-steady while the unsteadiness in 
volute was dominant. Fajardo [97] carried out CFD simulations in which pulsating 
pressure boundary conditions were induced: the same suggestion was given. To 




investigate and model the pulsating effects, analytical and empirical methods have 
been used to incorporate the dynamic responses of the turbine stage within a 1-D 
engine simulation environment. 
 
Reyes-Belmonte [94] modelled the volute, nozzle, rotor and diffuser, using separate 
elements in 1-D environments, and achieved capture of the overall pressure waves in 
the turbocharger. On the other hand, Luján et al. [98] correlated the pulsating factor, 
which took into account both the pulse frequency and amplitude with the turbine 
efficiency losses under pulsating flow. It was found that the efficiency losses were up 
to 30% of the steady flow turbine efficiency at high pulsating factor operating points. 
 
The heat transfer effects in turbocharger mapping are generally ignored. However, 
the differences between the temperatures of the gases in the air path and the 
boundary conditions result in inevitable heat fluxes [99]. The actual turbocharger 
operating condition on engine differs from that in the mapping test, causing 
variations in estimated turbocharger performance [100]. This becomes more 
significant at low load where the heat transfer rate is comparable to the turbocharger 
power. Reyes-Belmonte [101] reported that, at turbocharger speed lower than 
70krpm, up to 70% of the enthalpy drop at the turbine stage was heat transfer from 
the exhaust gas to the turbine housing when the turbocharger was insulated. In 
addition, due to the increasing level of downsizing and turbocharging to reduce fuel 
consumption of the internal combustion engine, the level of turbine inlet temperature 
rises [102]. This may also increase the heat transfer from the exhaust gas to the 
turbocharger. It was found that the apparent compressor efficiency dropped up to 15% 
when turbine inlet temperature increased from 50ºC to 500ºC [103]. This was 
because the heat transferred into the compressed air was accounted as part of the 
aerodynamic work done by the compressor wheel in the compressor efficiency 
measurement and calculation. 




One-dimensional heat transfer models have been used to predict the heat fluxes. The 
heat transfer at the rotor wheel has been ignored, and it is assumed that the heat 
addition and dissipation happened before and/or after the compression and expansion 
processes [99]. Burke [104] performed a turbocharger heat transfer study and stated 
that the accuracy of gas temperature at turbine outlet was improved by over 50% by 
incorporating the heat transfer effects. 
 
Besides the pulsating flow and heat transfer effects, the small operating range tested 
on the gas-stand also introduces uncertainties to the estimation of turbocharger 
performance when extrapolating outside the tested region, especially for turbines. In 
the conventional turbocharger mapping approach, the compressor traditionally acts as 
load control in turbine mapping. Thus, the achievable operating range on the turbine 
is restricted by the compressor surge limit and choke limit. This is particularly 
critical for turbines. As a result, only a small operating range can be achieved on the 
turbine. In addition, a high expansion ratio can only be achieved at high speed, and a 
low expansion ratio at low speed. The compressor power can be determined by the 
turbocharger speed and the mass flow, whereas the turbine power experiences large 
variations as a result of the acceleration and the deceleration of the turbocharger shaft 
on top of the compressor power and mechanical losses. Therefore, extrapolation of 
the turbine map into the region where no measurement data is available is necessary 
for 1-D engine simulation. 
4.1.2. Measures to investigate and overcome the 
challenges 
To mitigate the challenges listed above, many techniques have been used. Pulsation 
sources are required to generate the varying pressure boundary conditions to the 
turbocharger. Two approaches have been used: rotating plate and piston engine. The 




rotating plate acts as a varying restriction between the air supply and the turbine inlet. 
A group of plates with different opening areas are used to simulate the varying 
magnitude of the pulses. The rotational speed of the plate can be varied to achieve 
different pulse frequencies. Since only a finite number of plates can be used, the 
pulsation characteristics generated from the rotating plate cannot be varied 
continuously. 
 
A piston engine can also be used as a pulse generator. The pulsation can be varied by 
changing the engine speed and valve timing. However, the pulse shape cannot be 
varied with a large degree of freedom because it is also determined by the geometry 
of the exhaust manifold and number of cylinders. The required lubrication system 
and cooling system for the piston engine are also more complicated than the rotating 
plate configuration. Nevertheless, using a piston engine offers the operating 
condition closest to the actual blow-down processes. 
 
Variable and controllable thermal conditions of the gases are necessary for the 
investigation of heat transfer effects on the turbocharger. An electric heater or 
combustion engine can be used as a heat generator. The control complexity on 
electric heaters is lower than that on combustion engines. However, in general, 
combustion engines are more cost effective. Higher temperature can be achieved 
with combustion engines. 
 
To extend the achievable range in turbine mapping, Bellis et al. [105] summarised 
the benefits of a number of alternative mapping techniques. To increase the 
compressor power range, a recirculation loop was added to feed the compressed air 
back to the compressor inlet via a cooler and a back pressure valve. By opening and 
closing the back pressure valve, the inlet condition of the compressor is varied, such 
that the compressor power can be adjusted. A blow-off valve and an inflation valve 




were also added to extend further the achievable range of the compressor flow. It was 
stated that maximum turbine expansion ratio comparable to on-engine conditions 
could be achieved while the minimum turbine expansion ratio was still limited. To 
extend the minimum turbine expansion ratio, the compressor could be replaced with 
a bladeless disc, so that low expansion ratio could be achieved when the turbine only 
overcame the friction losses. Besides, a dynamometer can be used to drive or absorb 
the turbine power. Therefore, lower expansion ratio can be tested by motoring the 
turbocharger to overcome the friction losses. 
 
With these points in mind, research has been carried out to compare a number of 
existing novel turbocharger mapping facilities (listed in Table 4.1). This includes two 
facilities at the University of Bath, one of which was developed in this project. 
 
In general, turbocharger mapping facilities are based on either conventional 
gas-stand or the internal combustion engine. The internal combustion engine can be 
used as both heat source and pulsation source. The maximum temperature limit is 
higher on engine-based facilities. Therefore, most engine-based mapping facilities 
use the internal combustion engine as the heat generator. A cylinder head has been 
used on gas stands to provide the cylinder blow-down pulses. The operating 
conditions can be manipulated in a large window by controlling the inlet pressure 
and valve events. 
 
However, the internal air supply provided by the charging system on a combustion 
engine might not be sufficient. This is because the operating range of the air-charging 
on the engine is restricted by the corresponding engine operating points. Therefore, 
most on-engine mapping facilities use external air supply systems to extend the 
achievable operating range. 
  










































































































































































































































































































































































































































































































































































































































































































It is worth noting that Szymko et al. has developed an electric turbine dynamometer 
to map turbines in a wide turbine load range [115]. This has enhanced the 
understanding and capability of extrapolating the turbine characteristics.  
 
To improve the understanding of turbocharger performance, to operate turbocharger 
under different conditions and to compare results collected from different facilities, it 
was decided that a new mapping facility is needed. Having had a novel gas-stand at 
the University of Bath, an on-engine mapping facility was developed in order to 
achieve different operating conditions. The next sections will describe the hardware 
of the new facility and some test results. 
4.2. Facility description 
4.2.1. Objectives of the test facility 
The aim of developing an on-engine turbocharger mapping facility was to be able to 
evaluate turbocharger performance under the on-engine pulsating condition and 
blow-down process. It was also desired to be able to raise the turbine inlet air 
temperature to a high level in a cost-effective manner. 
 
It is necessary to control the combustion system and the air supply system separately 
to avoid interactions. In addition, the capability to conduct a load changes transient 
test is required. Thus, the boundary conditions of either of the two systems need to be 
controlled precisely with a large degree of freedom and transient capability.  
 
Because of the requirements stated above, it was decided to use a reciprocating 
piston internal combustion engine to generate heat and pulsation. Use of an 
independent air supply system enables the precise control and separation of the 
interactions. 




4.2.2. Layout of the facility 
The test facility consisted of two sub-systems: the internal combustion engine system 
and the air supply system. Figure 4.1 shows the layout of the turbocharger on-engine 
mapping facility. The engine system was similar to a conventional engine test cell 
configuration. The main difference was that the compressor and the turbine air paths 
were separated in order to use the compressor as a load on the turbocharger shaft. An 
AC dynamometer was connected to the engine crankshaft to control the engine speed, 
so that the exhaust pulse frequency could be varied by changing the engine speed. 
The turbocharger was connected to an adaptor, which was custom made for each 
turbocharger to be tested, and a custom-made exhaust manifold. 
 
The external air supply system was capable of delivering dried air of up to 7 bar and 
0.7 kg/s. The air flow through this device was controlled by a valve downstream of 
an air filter. A pre-heater was used to heat the air to up to approximately 90ºC, and it 
was also equipped with a bypass valve. The bypass valve was controlled in closed 
loop so that the target engine intake air temperature could be achieved. 
 
A dump flow path was integrated so that the total flow would always be sufficient. 
Therefore, transient manoeuvres can be emulated by closing or opening the valve in 
the dump flow path. Under steady state operation, the valve in the dump flow path 
was controlled in closed loop so that the target intake air pressure could be achieved. 
In addition, another valve was located upstream of the engine intake manifold, so 
that intake air pressure lower than atmosphere pressure could be achieved if the 
engine was equipped with no throttle.  
 
A differential pressure air flow sensor was located upstream of the pre-heater to 
measure total air flow going through the device. In addition, in order to measure the 




flow being dumped into the test cell, a hot wire air flow sensor was located 
downstream of a water-to-air cooler in the dump flow path. Therefore, the mass air 
flow supplied to the engine was the difference between the total air flow and the 
dump air flow. Care needs to be taken when the total air supply is not sufficient, 
since the flow direction in the dump flow path might be changed: thus, the calculated 
air flow to the engine could be incorrect. In addition, another hot wire air flow sensor 
was located upstream of the compressor to measure the compressor flow.  
 
F: Flow measurements; T: Temperature measurements; P: Pressure measurements;  
Pf: Fast pressure measurements; S: Turbocharger speed measurement 
Figure 4.1: Layout of the on-engine turbocharger mapping facility 




In order to vary the compressor back pressure, a butterfly valve was located 
downstream of the intercooler in the compressor air path. The location of the valve 
was flexible, and the turbocharger could be replaced with the back pressure valve to 
emulate the back pressure on the engine.  
 
Therefore, two different functions can be realised. Turbocharger mapping can be 
performed by feeding the external air supply to the engine working as a pulse and 
heat generator, and by controlling the compressor load using the compressor back 
pressure valve. In addition, combustion system testing can be carried out by 
controlling engine intake and exhaust boundary conditions using the air supply and 
back pressure valve. 
  
The bypass path parallel to the pre-heater and the dump flow path enable the 
validation of either the combustion system or the boosting system in transient 
operations. By closing or opening the pre-heater bypass valve and the dump flow 
valve, step changes in engine intake air pressure and temperature can be achieved. 
The rate of the pressure and temperature changes can be much faster than typical 
turbocharging systems, in the order of approximately 0.1 seconds, thanks to the 
capability of having excessive flow and heating capacity. 
4.2.3. Measurement system 
The turbine and compressor flow data were recorded in both the slow measurement 
system and the fast measurement system. Besides the flow measurements, the 
pressure temperature and turbocharger speed measurements were also logged in both 
systems. Therefore, the corrected turbocharger flow and speed, as well as the 
pressure ratio, could be calculated in real time. Thus, with the capability of 
mathematical operations such as averaging and Fast Fourier Transfer, the 




instantaneous compressor and turbine operating points could be plotted in real time 
on the fast measurement systems. Although the measurements (especially the flow 
measurements) were not located close to the turbocharger, the real time calculated 
instantaneous operating points on the compressor and turbine map were still useful 
information for the test operator.  
4.2.4. Test procedure 
In order to understand the functionality of the facility, the main control actuators and 
the effects of changing those parameters are listed in Table 4.2.  
Table 4.2: Control actuators and the primary functions 
Control parameters Main control targets affected 
VGT position Compressor corrected speed, turbine operating point 
Engine speed Turbine inlet pulse frequency and pulse shape, turbine 
flow, compressor corrected speed 
Valve timings Turbine inlet pulse shape 
Throttle position Turbine corrected flow, compressor corrected speed 
Air supply pressure Turbine corrected flow, compressor corrected speed 
Compressor back 
pressure valve 
Turbocharger corrected speeds, compressor corrected flow  
Engine coolant 
temperature 
Turbine inlet temperature, turbine corrected flow 
Air supply 
temperature 
Turbine inlet temperature, turbine corrected flow 
Spark timing Turbine inlet temperature, turbine corrected flow 
Lambda Turbine inlet temperature, turbine corrected flow 
 
It is worth noting that the control parameters do not only affect the listed control 
targets. For example, the change in throttle position and air supply pressure also 




affected the exhaust pulse shape. Not all the effects are listed because some were 
second order effects. However, they need to be considered by the test operator, so 
that accurate and efficient testing can be performed. 
 
The frequency and the shape of exhaust pulses were largely affected by the engine 
speed. In addition, the pressure, temperature and flow of exhaust gas were also 
affected, due to the changes in the operating condition of the fixed displacement 
engine and the correspondent variations in the combustion and scavenging processes. 
Therefore, the engine speed can be varied if the target turbocharger speed cannot be 
reached, although this also changes the exhaust pulse characteristics. The exhaust 
pulse shape can also be varied by controlling the valve timings. However, this was 
not investigated in this study. Further work needs to be carried out to investigate the 
measures to maintain the exhaust pulse shape when pulse frequency is changed. 
 
The throttle position can be varied to achieve target exhaust flow, and hence 
turbocharger speed. However, it was preferred to use the external air supply pressure 
as an actuator of the exhaust flow since supplied pressure was controlled in closed 
loop.  
 
Tests can be carried out with or without firing the engine. In cold turbine mapping, 
the turbine inlet temperature was largely affected by the engine coolant temperature, 
which was a result of the friction in the engine, the compression work, and the 
temperature of the air supply. The engine thermostat was removed so that the engine 
coolant temperature could be controlled by the flow in the heat exchanger that cools 
the engine coolant. The typical engine coolant temperature control range was 
between 30ºC and 80ºC in cold tests. The air supply temperature can be varied 
between ambient temperature and approximately 80ºC. When the engine speed was 
varied to change the exhaust pulse frequency and shape, the flow characteristics also 




changed. Therefore, the gas was effectively compressed or expanded through the 
engine. Thus, the turbine inlet temperature was affected. As a result, the engine 
coolant temperature and air supply temperature need to be changed to achieve the 
same turbine inlet temperature. The coolant temperature was the main actuator, since 
the effect of changing coolant temperature on the turbine inlet temperature was larger 
than that of air supply temperature. 
 
In hot tests, the spark timing can be used as actuator to control the turbine inlet 
temperature. Exhaust gas temperature can also be varied by controlling the air-to-fuel 
ratio. However, as this will affect the exhaust gas properties, its use as a control 
actuator is not preferred. 
 
The test procedure for cold and hot mappings is described below: 
 
A.1  VGT position – fixed at target turbocharger operating point. 
A.2 Engine speed – fixed at target exhaust pulse frequency by varying 
dynamometer load. 
A.3  Throttle position – fixed at wide open for cold test, and fixed at partly open 
first for hot test before firing. 
B.1  Air supply pressure – adjust to achieve target turbine/compressor corrected 
speed, back to step A if target cannot be achieved. 
B.2  Compressor back pressure valve – adjust to achieve target turbine/compressor 
pressure ratio, then back to step B.1 to adjust air supply pressure to maintain 
the target turbine/compressor corrected speed. 
C.1  Engine coolant temperature – in cold test, fixed at temperature level where 
target turbine inlet temperature can be achieved. In hot test, fixed at safety 
temperature. 
C.2  Air supply temperature – in cold test, adjust to achieve target turbine inlet 




temperature, back to step C.1 if target temperature cannot be achieved. Then, 
back to step B to adjust turbocharger operating points. In hot test, fixed at 
safety temperature. 
C.3  Spark timing/injection timing – in hot test, adjust to achieve target turbine 
inlet temperature, back to step B.1 or A.3 if target cannot be achieved. Then 
back to step B. 
 
The operations are grouped into three categories. Group A defines the basic operating 
point of the engine. Group B changes the turbine and compressor load, and hence the 
turbocharger operating point. Group C adjusts the turbine inlet temperature. Group A 
can be maintained at constant level for the measurement of one speed line. Group C 
changes turbine inlet temperature, and therefore affects the turbocharger operating 
condition. Thus, iterations between group B and C may be necessary. 
 
In fact, when the compressor is being mapped, step A.1 becomes part of step B. The 
VGT (or waste-gate) position is used to control the turbine load, and hence the 
turbocharger speed. Therefore, the engine can be operated at constant operating point, 
provided the exhaust pulse condition and exhaust gas energy are adequate. This is 
under the assumption that the compressor operating point is steady. 
 
Care needs to be taken to ensure that the engine, especially the combustion system, 
which is largely affected by the spark/injection timing and intake air temperature, 
operates within the safety limits.  
 




4.3. Test results 
4.3.1. Repeatability 
First of all, to verify the repeatability of the measurements, one speed line has been 
repeated three times on different days. The calculated turbine and compressor 
efficiency of the three tests are compared. The efficiencies are calculated using 
















Where 𝛾𝑎𝑖𝑟 is 1.4 for air that goes through the compressor. 
Ƞ𝑡𝑢𝑟𝑏,   𝑢𝑠𝑖𝑛𝑔 𝑐𝑜𝑚𝑝𝑟𝑒𝑠𝑠𝑜𝑟 𝑝𝑜𝑤𝑒𝑟
=
∑(
𝑇𝑡𝑜𝑡𝑎𝑙,   𝑡𝑢𝑟𝑏 𝑖𝑛𝑙𝑒𝑡 − 𝑇𝑡𝑜𝑡𝑎𝑙,   𝑡𝑢𝑟𝑏 𝑜𝑢𝑡𝑙𝑒𝑡
𝑇𝑡𝑜𝑡𝑎𝑙,   𝑡𝑢𝑟𝑏 𝑖𝑛𝑙𝑒𝑡 × (1 − (
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Ƞ𝑡𝑢𝑟𝑏,   𝑢𝑠𝑖𝑛𝑔 𝑡𝑢𝑟𝑏𝑖𝑛𝑒 𝑒𝑛𝑡ℎ𝑎𝑙𝑝𝑦 𝑑𝑟𝑜𝑝
=
∑(
𝐶𝑝 𝑎𝑖𝑟 × 𝑀𝐴𝐹𝑐𝑜𝑚𝑝 × (𝑇𝑡𝑜𝑡𝑎𝑙,   𝑐𝑜𝑚𝑝 𝑜𝑢𝑡𝑙𝑒𝑡 − 𝑇𝑡𝑜𝑡𝑎𝑙,   𝑐𝑜𝑚𝑝 𝑖𝑛𝑙𝑒𝑡)
𝐶𝑝 × 𝑀𝐴𝐹𝑡𝑢𝑟𝑏 × (𝑇𝑡𝑜𝑡𝑎𝑙,   𝑡𝑢𝑟𝑏 𝑖𝑛𝑙𝑒𝑡 × (1 − (
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where 𝑀𝐴𝐹𝑡𝑢𝑟𝑏 is the flow through the turbine. In cold tests, it is the air flow to the 




engine, and in hot tests it is the air flow plus the fuel flow. 
 
The compressor and turbine efficiencies were instantaneously calculated and plotted 
on-line, and the averaged values were taken from 300 engine cycles (600 rotations) 
with a sample rate of 720 samples per crankshaft rotation. 
 
It is worth noting that the turbine efficiency can be calculated either using the 
compressor power calculated from compressor enthalpy or using the enthalpy drop 
across the turbine. The former was based on the assumption of turbocharger balance, 
ignoring the mechanical losses at the turbocharger bearing. The latter method was 
based on the assumption of adiabatic expansion at the turbine, ignoring the heat 
transfer at the turbine housing and the compressor housing. The two methods will be 
compared in this study. 
 
Figure 4.2 and Figure 4.3 show the calculated turbine and compressor efficiencies at 
one speed line repeated three times. It is shown that the error in the calculated 
efficiency was within ±0.5%. 
 
 
Figure 4.2: Repeatability of turbine efficiency 





Figure 4.3: Repeatability of compressor efficiency 
4.3.2. Turbine mapping 
Figure 4.4 shows the VGT turbine flow characteristics obtained from a cold test. The 
data shown on the turbine map were time-averaged values over 300 engine cycles 
(600 rotations). Since the air flow at the turbine was dependent on the engine speed, 
operating conditions with large turbine flow can only be achievable at high engine 
speed. Therefore, the flow range at a certain exhaust pulse frequency was limited by 
the maximum pressure level in the intake manifold, which was set to 2 bar absolute 
in this test (although this was still lower than the safety limit). The dotted line shows 
the maximum flow and expansion ratio that can be reached at engine speed 3000rpm 
under unfired conditions. This was also dependent on the matching between the 
turbocharger and the engine used in the current configuration. The engine platform 
could be changed whilst the air supply system was maintained. A larger engine could 
be used if a larger turbocharger were to be mapped. 
 





Figure 4.4: Turbine flow characteristics at different VGT positions 
To investigate the effect of exhaust pulsation on turbine performance, the turbine 
corrected speed line 80krpm was tested at three different engine speeds, 2000rpm, 
2500rpm and 3000rpm (Figure 4.5). The 95% confidence interval was within 1.5 
percentage points. The confidence interval at the last operating point is not at the 
exact measured expansion ratio. This is because the flow range achieved in the three 
repeats were slightly different, shown in Figure 4.2, and the measurements were 
interpolated to calculate the confidence interval. 
 
Figure 4.5: Turbine efficiency measured at three different engine speeds 




It is shown that, despite the relatively small difference compared to the confidence 
interval, the turbine efficiency calculated using the compressor power was increased 
by approximately 1-2% as the engine speed decreased from 3000rpm to 2000rpm. 
However, this was not only a result of the changes in the exhaust pulse frequency. 
The amplitude of the pulse was also affected when the frequency was varied, shown 
in Figure 4.6. The amplitude was approximately 0.3 bar at 3000rpm, compared with 
approximately 0.15 bar at 2000rpm. The lower turbine efficiency may be a result of 
the larger variation in the instantaneous turbine blade speed ratio, which caused 
efficiency drops at extreme blade speed ratio conditions. 
 
Figure 4.6: Instantaneous turbine inlet pressures at three engine speeds 
In addition, the temperature measurement at the turbine inlet was operating under 
pulsating flow condition, therefore, the thermocouple readings might have been 
affected. The coolant and oil flow rate at the bearing housing were not controlled. 
Therefore, the heat fluxes to the compressor may have been changed, resulting in 
variations in the calculated enthalpy change across the compressor. 
 
The calculated efficiency was time-averaged value. It would be ideal if the 
power-weighted efficiency could be calculated. However, the instantaneous mass 
flow was difficult to measure. A hot-wire type flow sensor could be used to measure 




the instantaneous mass flow. This may require temperature measurements to 
compensate the mass flow measurement. The temperature of the gases between the 
exhaust port and turbine inlet was high and variable, with consequent challenges in 
measuring the temperature to compensate the mass flow measurements correctly. Gas 
velocity may change direction transiently, causing difficulties in using the flow 
sensor under some engine operating conditions. Care also needs to be taken when 
using hot-wire type flow sensor in exhaust gas environment with particles. 
 
In addition to the uncertainties in efficiency calculation, although the turbine reduced 
speed was maintained, the absolute inlet conditions at the turbine inlet varied. The 
flow density and velocity, thus, the Reynolds number and wall friction losses were 
affected. To study this effect, mean-line turbocharger modelling may be required to 
separate the flow effects at the rotor, gap, and volute. Nevertheless, this was not in 
the scope of this project and was neglected. 
 
As a result of these effects, the efficiency variations were not only caused by the 
frequency and magnitude variations. However, the confidence interval is small and it 
is capable of detecting small changes. With the planned modifications of the 
configuration of the facility in the future, the variations in the efficiencies can be 
understood and explained. 
 
To investigate the differences between the two methods of calculating the turbine 
efficiency, tests were performed under fired and unfired conditions, and the turbine 
efficiencies were calculated, shown in Figure 4.7. The speed line 80krpm was tested 
under both fired and unfired conditions. The turbine expansion ratio was larger in the 
fired test (1073 K turbine inlet temperature), since the same turbine corrected speed 
was targeted. 





Figure 4.7: Calculated turbine efficiency at VGT fully closed 
Under fired conditions, the turbine efficiency calculated using the turbine enthalpy 
drop was above 100%, which was unrealistic. This was mainly because of the heat 
transfer effects, which were considered to be turbine power in this method. From the 
calculation using compressor power, the heat transfer effect on the compressor was 
ignored. Besides, the oil flow and temperature was not controlled in these tests. This 
may have affected the heat flux between turbine housing and compressor housing, 
and thus, the calculated turbine efficiency. However, this was smaller than that on the 
turbine, due to the different temperature level. It is shown that the turbine efficiency 
calculated using the compressor power was slightly lower in the fired test. This was 
also affected by the higher turbocharger rotational speed and mechanical losses in the 
fired test with high turbine inlet temperature, because turbine inlet temperature was 
used in the speed correction calculation.  
 
In addition, the turbine expansion ratio was changed, since the corrected speed was 
maintained in both the fired and unfired tests. Thus, the turbine blade speed ratio was 
also changed, which affected the turbine efficiency. 
 




As a result, the two methods should be differentiated to avoid confusion. At low 
turbine inlet temperature level, the difference between the two methods was around 
15%. This increased to up to 80% in the hot tests. At high turbine inlet temperature 
level, the apparent turbine power was unrealistic. The comparison showed that the 
effects of heat transfer on the turbine efficiency calculated using compressor 
enthalpy change was small. To investigate the effect of heat transfer in more detail, 
bearing losses also need to be considered. 
 
In the present investigation, compressor power was used for turbine efficiency 
calculation because of the reliability and the smaller discrepancies between fired and 
unfired tests. Cold tests were performed to obtain the turbine map. This was because 
control freedom was restricted under fired conditions on the gasoline engine, which 
is expected to be improved in the future when the gasoline engine is replaced with a 
Diesel engine. 
4.3.3. Compressor mapping 
Figure 4.8 shows the compressor map obtained from the on-engine mapping facility. 
The turbocharger speed can be varied by changing the engine intake pressure, engine 
speed and the VGT position or, if a waste-gated turbocharger is tested, the waste-gate 
opening. The turbocharger speed range in this cold test was 40krpm to 100krpm. The 
maximum engine speed and intake pressure defined in the test were 4500rpm and 2 
bar absolute, respectively. These were below the limits of this engine. Therefore, it 
was expected that the achievable speed range could reach over 150krpm in cold tests, 
if higher engine speed and intake pressure were tested. 





        (Compressor mass flow corrected to inlet condition 298 K and 1 bar absolute) 
Figure 4.8: Compressor efficiency contour map generated from cold test 
Since compressor surge detection was not in the scope of this study, surge was 
simply defined as compressor inlet temperature shoot up. Operating points beyond 
the surge line were also recorded for future investigations. The turbocharger speed, 
temperature and fast pressure measurements will be used in future studies on surge 
definition. In general, surge limit can be reached on this facility. The compressor 
efficiency when the compressor back pressure valve was opened was around 40%. 
Therefore, choke limit on the compressor map was also reached. 
 
To investigate the effect of turbine inlet temperature and heat transfer on the 
calculated compressor efficiency, two of the compressor speed lines have been tested 
under fired conditions. Figure 4.9 shows the two compressor corrected speed lines 
tested under fired and unfired conditions. The different mass flow range on the speed 
line was because of the spark timing limits due to combustion misfire. The 
compressor efficiency calculated from fired conditions was considerably lower than 




that calculated from the unfired conditions where the turbine inlet temperature was 
340 K. This was because of the heat fluxes from the turbine housing to compressor 
housing, causing high air temperature at the compressor outlet which was counted as 
enthalpy arising from the compression process. It is also shown that the discrepancy 
between fired and unfired conditions at 40krpm compressor corrected speed was 
larger than that at 75krpm. The difference increased from 3-5 percentage points out 
of 70% to 5-8 percentage points out of 50%. This was due to the lower compressor 
power at low speed. Therefore, the proportion of heat transfer was larger. In addition, 
the turbine inlet temperature at low speed was lower, due to the restrictions on the 
combustion and spark timing window. Therefore, the discrepancy at low speed was 
expected to be larger if the turbine inlet temperature reached 1073 K. 
 
Figure 4.9: Comparison of compressor efficiency under fired and unfired 
conditions 
4.4. Future improvement of the facility 
From the turbine and compressor test results shown above, there were a number of 
areas that still need improvement in order to improve the reliability of the test results 
and to investigate in more detail. 
 




In order to carry out heat transfer studies, the flow and temperature of coolant and oil 
should be controlled, independent of the engine operating points. The oil flow and 
temperature at the turbocharger bearing housing need to be measured and recorded. 
The metal temperature on the turbocharger may be required. In addition, thermal 
insulation on the turbocharger may be required to avoid heat transfer between 
housing and ambient. 
 
It will be necessary to modify the layout of the facility so that wider turbine 
operating range can be reached. This can be achieved by adding compressor 
recirculation. It has also been planned that the engine platform will be changed from 
gasoline engine to Diesel engine to extend the achievable operating range. With 
Diesel engines, the fuelling amount and the intake air pressure can be controlled 
independently, whereas they were linked on the gasoline engines, which restricted 
the operating range. 
 
To calculate the instantaneous turbine power, the instantaneous turbine flow is 
required. However, it is difficult to measure the instantaneous gas temperature for 
flow compensation. Thus, simulation may be needed to estimate the gas temperature 
and flow. Calibrated 1-D or 3-D models of the turbine housing will be useful for the 
prediction of the instantaneous expansion ratio and flow at the rotor. 
 
To mitigate the uncertainty about the gas pressure and temperature distributions at 
cross sections, and to improve measurement accuracy, more pressure and 
temperature measurements should be installed at cross sections at compressor and 
turbine inlet/outlet. Flush-mounted pressure measurements and different 
thermocouple depths should also be employed. 
  





An on-engine turbocharger mapping facility that was developed to improve the 
understanding and modelling techniques of turbocharging systems was presented in 
this chapter. The result of a turbocharger mapping test was demonstrated and 
investigated. The following points can be drawn to conclude this chapter: 
 
1. The challenges in using turbocharger maps collected on conventional gas-stand 
under steady flow have been discussed. The challenges include the pulsating 
effects, heat transfer effects and map extrapolation. Research has been carried out 
to investigate the countermeasures and to compare existing novel turbocharger 
mapping facilities. 
 
2. In order to evaluate turbochargers under the on-engine blow-down pulses and 
high temperature conditions, a gasoline engine has been converted into a pulse 
and heat generator assisted with an external boosting system. The engine and the 
turbocharger have been heavily instrumented with high and low frequency 
measurements. 
 
3. Detailed test procedure has been presented. This was applied to the mapping of a 
VGT turbocharger using this facility. One speed line was repeated three times. 
The 95% confident region of the measured compressor and turbine efficiency 
was within ±1.5%. 
 
4. Experiments were performed in the engine speed range of 2000rpm to 4500rpm 
(exhaust pulse frequency 67Hz to 150Hz). A decrease in turbine efficiency of 2% 
was found as the engine speed was increased from 2000rpm to 3000rpm. Further 
improvements in the measurement system and the control of boundary conditions 




will be necessary for further investigation. 
  
5. Tests have also been performed in the turbine inlet temperature range of 340K to 
1073K. Between hot and cold tests, approximately 5-10% difference was 
observed in the turbine efficiency calculated using compressor power. However, 
the effect on the turbine efficiency calculated using turbine enthalpy drop was 
above 40%. The calculated compressor efficiency was affected by 3-8% due to 
heat transfer. The effect was more significant at lower compressor power. 
Thermal condition control and bearing housing friction model will be required 
for further investigation.  
 
6. Recommendations were provided for the continuation of the development and 
improvement of the on-engine turbocharger mapping facility. To improve the 
reliability of the test results, more accurate control of engine thermal boundary 
conditions will be necessary. Turbine operating range needs to be extended 
through modifications on compressor loading. Modelling techniques may be used 
to estimate instantaneous turbine operating point. In addition, multi-point 















Chapter 5 - Simulation Methodology 
 
 
A high fidelity engine model which was supplied to the project has been further 
calibrated for the investigations of steady state and transient performance of 
advanced turbocharging systems.  
 
This chapter presents the calibration of the combustion model, the flow element and 
the turbocharger model at steady state. For each of these sub-systems, the model 
description, the calibration methodologies and the validation results will be 
discussed. 
 
In the last section of this chapter, the validation of transient simulation will also be 
presented. Recommendations will be provided to further enhance the modelling 















5.1.1. Engine modelling 
Engine modelling is extensively used in the engine design process. It is useful in 
predicting engine performance and simulating parameters that are difficult to 
measure in experiments. Several types of engine model are used in simulations, for 
example, the black box model, mean value model, 1-D model and multi-dimensional 
model. These available tools form a spectrum of computational time and prediction 
accuracy. Therefore, they are used for different objectives. 
 
In general, models with less insight into the internal processes of the system have 
lower complexity and, therefore, require a shorter run time. Complex models are 
used in detailed analysis of particular systems. For example, with regard to dynamics 
in the fuel injection system, mixture formation process and air motion at the 
compressor wheel are likely to require multi-dimensional modelling if more details 
are to be investigated and predicted. The results of the multi-dimensional predictions 
and experiments can be used in models of lower complexity, such as the 1-D model. 
 
The behaviours of the entire system can be predicted and analysed as long as the 
operating conditions of the individual systems are within reasonable range and with 
appropriate assumptions. For example, the empirical combustion model may be 
sufficient for turbocharger matching at target full load operating points. However, if 
the engine compression ratio is changed to enable Miller cycle operation, the original 
combustion model may not be valid, due to the considerable changes in the in-
cylinder air motion and thermodynamic processes [116]. 
 
In this study, the 1-D modelling approach was selected to simulate and analyse the 
entire engine system, because of its accuracy, limited run time, and the capability of 
integrating the whole system. The flow is treated as 1-D, and hence the distributions 
of gas composition and energies at any cross-section are homogenous. However, the 
dynamics of pressure propagation along the air path can be captured. This is 













validated. Care needs to be taken to make sure that the operating range of each sub-
system is within reasonable range from the points at which the model is calibrated. 
 
The data collected in the experiments in this project have been used to calibrate the 
engine model. The procedure of calibration of a downsized turbocharged gasoline 
engine will be described in this chapter. The aim is to calibrate an existing high 
fidelity engine model, which was provided for this study, to extend the validated 
steady state operating range, and to calibrate the model for transient simulations. 
5.1.2. GT-Power 
GT-Power, one of the typical 1-D engine simulation codes, is widely used in engine 
performance prediction and analysis. It is used in this analysis because of the 
following advantages. The version of the software used in this project is 7.4.1 [117]. 
 
 Crank angle based calculation of gas properties for the analyses of gas 
dynamics in the ducts, valves and flow element.  
 Combustion model calibration tool using experimental data. 
 Capability of conducting both steady state and transient simulation. 
 Flexibility of building control systems in the engine model, and the 
availability of built-in model-based control elements. 
 Interface to other simulation programs such as Matlab/Simulink for design of 
more complex control systems and integrated simulation. 
 Capability of carrying out Design of Experiments (DOE), empirical model 
generation and optimisation. 
 
It is worth noting that other 1-D engine simulation programs exist. Ricardo Wave is 
also capable of carrying out similar studies. However, the lack of flexibility in 
building control systems in Wave results in the unnecessary co-simulation with 













5.2. Modelling techniques and simulation validation 
at steady state operating points 
5.2.1. Combustion modelling 
5.2.1.1. Available models in GT-Power 
To carry out engine simulation, an appropriate combustion model is necessary. An 
inaccurate combustion model may result in unreliable predictions of engine 
thermodynamic processes, and hence engine output. Predictive, semi-predictive, and 
non-predictive combustion models are available in GT-Power. Links to other CFD 
combustion analysis software are also possible for predicting details of the 
combustion system. However, long simulation time is required due to the complexity 
of the CFD model. This can be used in the design stage before the hardware is 
available. 
 
The quasi-dimensional combustion model based on turbulent flame is available in 
GT-Power as a predictive combustion model. The heat release prediction is based on 
the in-cylinder turbulence intensity and scale, which are then used in the calculation 
of fuel burn rate [118]. In addition, knock intensity can be simulated based on in-
cylinder pressure and temperature. Simulation time is faster than for complete three-
dimensional tools, and it is comparable to non-predictive combustion models [119]. 
However, extensive calibration work is required. Nevertheless, once the model is 
calibrated based on measurement data, the effects of variation (including fuel 
properties, cylinder geometry and spark timing) on combustion behaviours can be 
analysed. 
 
Several non-predictive combustion models are available in GT-Power: the Wiebe 
model, Multi-Wiebe model, and user profile input. Combustion 10%-90% burn 
duration, Wiebe exponent, combustion efficiency and 50% burn angle (which can be 
further controlled by spark timing actuator) are defined in the Wiebe model to 
determine the combustion cumulative heat release profile, by assuming an S-curve 













Therefore, the advantage of using the Wiebe model is that the parameters can be 
interpolated and extrapolated so that a semi-predictive combustion model can be 
generated. To be able to define a profile using four parameters, this simplification 
requires curve fitting for the actual heat release profile, which can be either 
calculated from measured cylinder pressure trace or predicted using other 
combustion analysis software. Therefore, this results in errors in the curve fitting 
process. 
 
The Multi-Wiebe model is an extension of the ordinary Wiebe Model. The 
cumulative heat release profile is represented by the combination of several single 
Wiebe profiles with different parameters. This results in better fitting at the 
calibrated operating point. 
 
Another non-predictive combustion model is the user profile input, which uses the 
input profile as the heat release curve. The heat release profile can be calculated from 
measured cylinder pressure data. Therefore, the error introduced by curve fitting can 
be eliminated. Similar to the Wiebe model, a semi-predictive combustion model can 
also be generated by interpolating between the profiles to predict the heat release 
within the calibrated operating range.  
 
Since the engine hardware was available for this project, experiments could be 
conducted to measure and calculate the combustion heat release. Therefore, 
extensive predictability was not required. In addition, the engine block geometries 
were not to be changed. The control parameters were not to be varied in a wide range 
in simulation studies. Therefore, the user profile input method was chosen to build a 
semi-predictive combustion model in this study, because it provides accuracy, fast 
computational time and reasonable accuracy in the calibrated range.  
5.2.1.2. Three pressure analysis 
To calculate the combustion heat release profiles, three pressure analysis (TPA) has 
been performed at each engine operating point tested in the experiments. The model 













and one cylinder were used. The instantaneous pressure measurements at intake port, 
cylinder and exhaust port was used to determine the residual gas fraction and 
trapping ratio, and net and gross heat release. Therefore, the uncertainties caused by 
making assumptions about volumetric efficiency could be avoided. 
 
 
Figure 5.1: Three pressure analysis 
The measured cylinder pressure was pegged to the instantaneous intake port pressure 
at bottom dead centre (BDC) in the compression stroke. In order to avoid spurious 
pressure fluctuation between an imposed instantaneous static pressure boundary 
condition and a simulated pressure wave, the friction multiplier at the two pipe 
elements connected to the boundaries were switched to a very high value, 100, when 
the valves were closed.  
 
The experimental engine control parameters for the scavenging system and fuelling 
system were imposed. The combustion chamber wall temperature was modelled 
using a finite element model, and the measured oil and coolant temperature were 
used as boundary conditions. The wall temperature was then used for the calculation 
of heat transfer from gas to combustion chamber. 
 
The cylinder was treated as a varying volume between the intake valves and exhaust 
valves. A two-zone combustion model was employed. The burned and unburned air-













pressure distribution in the whole combustion chamber was homogeneous, whereas 
the temperatures in the two zones were modelled separately. At the start of 
combustion, all the gases in the cylinder were in the unburned zone. After the start of 
combustion, the unburned mixture was moved to the burned zone at the rate 
determined by the burn rate at each time step. Therefore, the volumes of the two 
zones changed at each time step. At the same time, the chemical equilibrium 
calculation was carried out in the burned zone. In addition, the conservation of 
energy was calculated in the two zones.  
 


















where  𝑚 is mass of denoted gases 
           𝑒𝑢 is the unburned zone energy 
            𝑝 is the cylinder pressure 
           𝑉𝑢 is the unburned zone volume 
          𝑄𝑢 is the unburned zone heat transfer 
            ℎ is the enthalpy of the denoted gases 
            subscript u, f, a, and fi denote unburned zone, fuel, air and fuel injected, 
respectively 
 














              where subscript b denotes burned zone 
 
The terms on the right-hand side of the equations represent the useful work, heat 
transfer to combustion chamber, the energy flow as a result of fuel flow, air flow and 
fuel injection, respectively. The advantage of the two-zone combustion model is that 













temperatures. This allows more accurate simulation of useful work, since the work 
done is largely dependent on the temperature of expanding gases [120]. 
 
When the TPA was performed, a dummy heat release profile was used in the first 
cycle. From the second cycle onwards, the simulation was paused at the start of the 
cycle and a reverse simulation was conducted. In the reverse simulation, the heat 
release was calculated using the trapped conditions and the cylinder heat transfer 
model. This was achieved by iterating the amount of fuel transferred from the 
unburned to the burned zone at each time step until the measured cylinder pressure 
was matched. Then the forward simulation started again, and the cylinder pressure 
was simulated using the calculated heat release profile. The cycle was repeated until 
the steady state convergence tolerance was achieved. 
5.2.1.3. Combustion model validation 
An engine model was provided for this study. The combustion model was calibrated 
using the measured data that covered engine speed range of 1000rpm to 5800rpm and 
load range of 20% to 100% (approximately 60Nm to up to 300Nm). The combustion 
heat release profiles were normalised to fuel fraction burnt profiles, and the profiles 
were stored in XY tables in GT-Power for interpolation within the tested operating 
range. 
 
The original combustion model was calibrated using the experimental data collected 
from the production configuration with the original production FGT turbocharger. 
Therefore, the simulation with the VGT turbocharger needed to be validated. In 
addition, the maximum torque achieved with VGT and the required load range in 
transient simulation (from 2 bar BMEP, 32Nm) were outside the original calibration 
range. Since the transient experiments were carried out at 2000rpm, the steady state 
engine operating points listed in Table 5.1 were selected in order to cover the engine 














Figure 5.2 shows pressure in cylinder 1 measured in 300 consecutive cycles at 32Nm 
2000rpm. Large cyclic variation can be observed at low engine load and small mass 
air flow. In addition, the test cell control system was maintaining the engine torque, 
whilst the ECU was also aiming to maintain a target torque determined by the pedal 
position. It is worth noting that three misfire cycles occurred at cylinder 1 during the 
test. This also caused cyclic variation due to the changes in mixture property, local 
air fuel ratio and residual gas, and hence flame speed. An empirical Wiebe 
combustion model can be built based on the air fuel ratio and residual gas to model 
the cyclic variation [121].  Nevertheless, the cyclic variation was not in the scope of 
this project, since the project was focused on the turbocharging system. Averaged 
cylinder pressure and heat release profile were analysed. 
Table 5.1: Operating points for combustion model validation 
 Test point 1 Test point 2 Test point 3 
Operating 
condition 
2000rpm, 32Nm 2000rpm, 229Nm 2000rpm, 319Nm 
Validation 
objective 




was outside the 
original 
calibration range. 
To validate part load 




approximately 1.3 bar 
absolute) 
To extend full load range 
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region.  
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Figure 5.2: Cyclic variation in cylinder 1 at 32Nm 
  Figure 5.3 and Table 5.2 demonstrate the comparison between measurements and 
simulation results at 32Nm. Cylinder-to-cylinder variation can be observed in the 
measured data. This may be a result of several factors: for example, 3-D flow 
behaviours, different thermal conditions and blow-by. The 3-D air and gas motion in 
the intake manifold, exhaust manifold and cylinders might cause variations in the air 
flow into and out of each cylinder. This was difficult to capture in 1-D simulation. 
The blow-by in each cylinder may be affected by the variations in thermal condition, 
the actual geometry of each combustion chamber and aging. 
 
 
  Figure 5.3: Simulated cylinder pressure from TPA and measured pressure at 
32Nm 
The discrepancy between measured and simulated mass air flow was 0.01%. Despite 













averaged absolute error in net IMEP was below 0.3 bar. Therefore, the modelling of 
the scavenging system and combustion system at low engine load is satisfactory. 
 
At 229Nm, the operating point was within the original combustion model region, 
calibrated using the FGT experimental data. With the VGT, the scavenging process 
may have been affected by the changes in the exhaust manifold geometry and 
instantaneous turbine operating points. The averaged pressure differential across the 
engine (exhaust manifold pressure – intake manifold pressure) decreased by 
approximately 5kPa by replacing the FGT with VGT. In addition, the spark timing at 
knock limit was advanced by 2.25 degrees crank angle. (Detailed studies will be 
presented in Chapter 6.) As a result of these changes, it was necessary to validate the 
original combustion model for use in part load and transient simulation for the VGT 
turbocharger. 









Measured total mass air flow 
(kg/hr) 
34.95 
Simulated total mass air flow 
(kg/hr) 
34.71 
Error in total mass air flow (%) 0.57 
Simulated mass air flow (kg/hr) 8.14 8.96 9.26 8.35 
Measured net IMEP (bar) 2.51 3.04 2.68 2.44 
Simulated net IMEP (bar) 2.33 2.37 2.58 2.34 
Absolute error in net IMEP 
prediction (bar) 
0.19 0.68 0.10 0.10 
Error in net IMEP prediction (%) 7.39 22.24 3.61 4.25 
Averaged absolute error in net 
IMEP (bar) 
0.26 
Averaged error in net IMEP (%) 9.37 
 
The measured inlet and exhaust port pressure data from the VGT experiment were 
used as the boundary conditions, and the valve timing and spark timing were 
changed according to the experiment setups. The heat release profile was defined by 
the original combustion model, instead of the TPA calculation based on measured 
cylinder pressure data. Despite the changes in the scavenging process, good matches 













and predicted net IMEP are listed in Table 5.3. The effect of changing the 
turbocharger and manifold on the heat release profile was small. It was found that the 
measured IMEP of cylinder 4 was approximately 15% lower than the other three 
cylinders. Since cylinder-to-cylinder variation is not studied in this project and the 
prediction of the other three cylinders was within 5% error, the accuracy of the 
prediction at 229Nm is satisfactory. Therefore, the original combustion model can be 




Figure 5.4: Measured and simulated cylinder pressure at 229Nm with VGT 
turbocharger 
 









Measured total mass air flow (kg/hr) 170.37 
Simulated total mass air flow (kg/hr) 175.91 
Error in total mass air flow (%) 3.26 
Measured net IMEP (bar) 15.03 14.86 15.24 12.76 
Simulated net IMEP (bar) 15.41 15.39 15.40 15.40 
Absolute error in net IMEP prediction 
(bar) 
0.39 0.53 0.17 2.65 
Error in net IMEP prediction (%) 2.56 3.59 1.10 20.76 
Averaged absolute error in net IMEP 
(bar) 
0.93 
Averaged error in net IMEP (%) 7.00 
 
The cylinder-to-cylinder variation was also observed at 319Nm. The comparison 













cylinder 4 was approximately 13% lower than that of the other cylinders. 
Nevertheless, the cylinder-to-cylinder variation is not analysed in this study. The 
combustion model in cylinder 1 will also be used for cylinder 4 in the simulation 
studies. 
 
To summarise the combustion model validation, the correlations at the three 
operating points are listed in Table 5.5. It is shown that the total mass air flow 
prediction is satisfactory. The net IMEP prediction is accurate, despite the relatively 
large percentage error at very low load due to the small absolute values. 
 
 
Figure 5.5: Measured and simulated cylinder pressure at 319Nm with VGT 
turbocharger 
 









Measured total mass air flow (kg/hr) 258.69 
Simulated total mass air flow (kg/hr) 263.65 
Error in total mass air flow (%) 1.92 
Measured net IMEP (bar) 20.71 21.19 20.75 18.29 
Simulated net IMEP (bar) 20.44 20.76 20.30 18.02 
Absolute error in net IMEP prediction 
(bar) 
0.39 0.43 0.45 0.27 













Averaged absolute error in net IMEP 
(bar) 
0.36 




Table 5.5: Summary of combustion model validation at 2000rpm 
 32Nm 229Nm 319Nm 
Error in total mass air flow prediction (%) 0.69 3.26 1.92 
Averaged error in net IMEP prediction 
(bar) 
(cylinder 1) 
0.19 0.39 0.39 
Averaged error in net IMEP prediction 
(%) 
(cylinder 1) 
7.39 2.56 1.87 
 
For steady state simulations with target engine torque set in the closed-loop boost 
pressure controller, the combustion heat release profiles were interpolated based on 
engine speed and percentage load for faster simulation and convergence. For 
transient simulations, the heat release profiles were interpolated based on the engine 
speed and mass air flow to avoid simulation convergence to unrealistic conditions. 
 
Therefore, the combustion heat release profiles were interpolated with a pre-lookup 
table which converted from mass flow interpolation to engine percentage load 
interpolation. This was based on the measured mass flow data at each calibrated 
operating point. 
5.2.1.4. Critiques on combustion model calibration 
It is worth noting that a number of assumptions had been made when the combustion 
model was calibrated and used. Uncertainties were introduced because of these 
assumptions. The measured cylinder pressure was pegged to instantaneous port 













the cylinder pressure and port pressure are equal at BDC, due to the low gas velocity 
at zero piston speed. In fact, cylinder pressure can also be pegged by matching 
pressure rise in the compression stroke based on polytropic coefficient. The 
uncertainties about the pressure difference at BDC can be avoided. Nevertheless, 
assumptions need to be made for the effective compression ratio (which is affected 
by timing of intake valve closing) and the gas property gamma (which is affected by 
residual gas fraction and temperature). Additional uncertainties may be introduced 
due to the variations of intake and exhaust valve phasing on modern downsized 
gasoline engines. 
 
The prediction of wall temperature was not calibrated in this project. Nevertheless, 
this can be carried out in future work if detailed heat transfer study is required. The 
metal temperature at cylinder wall and the coolant temperature at various locations in 
the engine block can be measured for model calibration [122].  
 
The blow-by was ignored in this study, introducing uncertainties in the mass air flow 
and trapped mass in cylinder. If the blow-by were to be studied, the ventilation flow 
from the crankcase could be measured and used to calibrate the blow-by model in the 
simulation. 
 
The calculation of the scavenging process, and hence the residual gas fraction and 
trapping ratio, was based on the assumption of homogeneous mixture in the cylinder. 
The accuracy can be improved by carrying out multi-dimensional simulation. 
However, the computational time will be increased significantly. Nonetheless, the 
accuracy was satisfactory, considering that the TPA study was carried out so that 
assumptions on volumetric efficiencies were not necessary. 
 
Since the combustion model was calibrated based on the boundary conditions at each 
test point, the accuracy of the estimation of the heat release process would decrease if 
the simulated operating points were outside the calibrated region. Therefore, more 
experimental data will be required to calibrate an empirical model that covers wider 













5.2.2. Gas dynamics modelling 
5.2.2.1. Flow modelling in GT-Power 
The combustion behaviours and the thermodynamic processes can be simulated only 
if the flow in to and out of the cylinder is accurate. In GT-Power, this is achieved by 
modelling the gas dynamics in the flow elements: for example, duct, junction, orifice, 
valve, and compressor and turbine. The pressure wave propagation is modelled by 
treating the gases as 1-D flow with even radial distribution. The friction losses and 
heat transfer at each element are modelled, and the flow discharge behaviours 
between elements are also simulated. 
 
The length of ducts is further discretised to improve the fidelity and accuracy. The 
discretisation length can be defined by the user, and different values should be used 
in ducts in intake and exhaust systems, due to the different temperature, and hence 
the variations in sound speed. The following equations for conservation of mass (5.3), 
energy (5.4) and momentum (5.5) are solved by using in each discretised volume in 









where ṁ is the boundary mass flux into the volume 


























           P is the pressure  
          V is the volume 
          H is the total enthalpy 
         As is the heat transfer surface area 
           h is the heat transfer coefficient 
     Tfluid is the fluid temperature 
      Twall is the wall temperature 
 
The groups of terms in the energy conservation equation represent the useful work, 
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where dp is the pressure differential across dx 
            A is the flow area 
             μ is the velocity at boundary 
            Cf is the skin friction coefficient 
             ρ is the density 
           dx is the length of mass element in flow direction            
            D is the equivalent diameter 
           Cp is the pressure loss coefficient 
 
The groups of terms in the momentum conservation equation represent impulse, 













5.2.2.2. Flowsplit element 
In GT-Power, flowsplit elements are used to model the conservation of momentum in 
three dimensions. The flowsplit element is treated as a single volume, and the mass 
flow vector is solved at the boundaries. Therefore, the angles of each opening are 
required for the calculation of transfer of momentum. In addition, another two 
parameters, expansion diameter and characteristic length, are also required. The 
expansion diameter is the maximum diameter to which the flow can expand after 
entering the flowsplit element. It is used in the calculation of the flow velocity, 
pressure loss and discharge coefficient of the orifice. Therefore, the kinetic energy 
losses due to the expansion and the discharge from the port to the volume are 
modelled. 
 
These two parameters are dependent on the geometry and the flow pattern, which 
may not be obvious in some cases. For example, in Figure 5.6, gas flow enters the 
volume from sections 2 and 3 and exits the volume from section 1. The expansion 
area can be solved using the following equation: 
EA1 = A1 
EA2 = F2 ∗  A1 
EA3 = F3 ∗  A1 
5.6 
where  EA is the expansion area of each port 
            A is the area of each port 















Figure 5.6: Example of a flowsplit element 
It is recommended that the fraction F should be set to 0.5 if the flows from port 2 and 
3 are completely in-phase, since the flow entering the flowsplit can only expand into 
half of the large pipe. If the flows from ports 2 and 3 are out-of-phase, the fraction F 
should be set to 1, since the flow is free to expand to the entire diameter. 
 
The characteristic length needs to be adjusted according to the fluid behaviours in the 
manifold. In the example shown in Figure 5.6, the gas flow from sections 2 and 3 
enters the volume and curves slightly in the volume before it exits from section 1. It 
is recommended that the characteristic length is set to the distance between the inlet 
section and the outlet section. 
5.2.2.3. Model set up 
Since a custom-made exhaust manifold was used to fit the VGT turbocharger, the 1-
D elements that represent the exhaust manifold need to be built accordingly. The 
geometry of the manifold was taken from a CAD model and specifications. They 
were converted into pipe and flowsplit elements in GT-Power. A number of elements 
were used to represent the straight pipes and bends. The collector where the four 
ports jointed was represented by a flowsplit element. Figure 5.7 shows the CAD 














Figure 5.7: Exhaust manifold for VGT 
In order to define the expansion diameter for the flowsplit element, the flow 
behaviour in the manifold was considered. Since the volume and the shape of the 
FGT exhaust manifold was maintained at the same level, the flow pattern in the FGT 
manifold was referred to for the selection of the expansion diameter of the VGT 
manifold. 
 
Figure 5.8 shows the simulated flow rate from the four exhaust runner boundaries to 
the collector. It can be observed that the blow-down from each cylinder was 
separated. Therefore, the exhaust gas flow from each runner can expand to 
approximately the full area at the inlet planes of the flowsplit element. Thus, the area 
of the inlet plane was used to calculate the effective expansion diameter. The 
characteristic length was set to the distance between the inlet plane and the outlet 














Figure 5.8: Mass flow entering flowsplit element (FGT turbocharger, 2200rpm 
full load) 
5.2.2.4. Model validation 
To validate the exhaust manifold model, the engine system was simulated without 
the turbocharger (Figure 5.9). The calibrated combustion model was used in this 
simulation. Since the instantaneous pressure was not measured at the inlet of the 
intake manifold, the measured averaged pressure and temperature downstream of the 
intercooler were used as boundary conditions in the simulation to avoid spurious 
pressure fluctuation in the intake manifold. On the exhaust side, the measured 
instantaneous pressure at turbine inlet was used as a boundary condition. The engine 
control actuators were set according to the experiments. 
 
A PI controller was used to control the throttle position in order to achieve the target 
manifold pressure and to create a restriction in the inlet air path. This was because 
the throttle was not fully opened at 32Nm in the experiments. 
 
The measured and simulated instantaneous pressures at the exhaust port of cylinder 1 
are compared in Figures 5. 10 - 5. 12. The overall shape of the port pressures at three 
operating points was captured. The magnitude of the blow-down pulses and the 
pressure wave reflections was well predicted. Therefore, the pressure propagation 















Figure 5.9: Engine model without turbocharger 
A shift of approximately 10 degrees crank angle (about 0.001 seconds at 2000rpm) 
can be observed at all three operating points. This could be caused by several effects: 
for example, the dynamics of the valve system, turbine volute volume which was not 
represented in the model, pressure wave propagation in complex volume. However, 
these were difficult to measure, and they cannot be simulated in a 1-D environment.  
 















Figure 5.11: Instantaneous pressure at exhaust port of cylinder 1, 2000rpm 
229Nm 
 
Figure 5.12: Instantaneous pressure at exhaust port of cylinder 1, 2000rpm 
319Nm 
Table 5.6 lists the comparison between measured data and simulation results of the 
mass air flow and engine net IMEP. Similar to the combustion model validation 
results, the discrepancies in the exhaust manifold model validation was due to 
overestimation of air flow. Nevertheless, the absolute errors in mass flow and net 
IMEP were small. 
 
In addition to the comparison with experimental data, a sensitivity study of 
expansion diameter and characteristic length at flowsplit was carried out. A 9-point 
factorial DOE was conducted with the variation range of ±10mm for both the two 
parameters. The effect was small (Figure 5.13). The variation of the pulse magnitude 













Thus, it was not necessary to further adjust the two parameters. The exhaust manifold 
model was validated. 
Table 5.6: Comparison between measured data and simulated results of the 
engine model without turbocharging system 
 32Nm 229Nm 319Nm 
Measured mass air flow (kg/hr) 34.9500 170.3663 258.6886 
Simulated mass air flow (kg/hr) 38.2431 175.9130 262.4910 
Error in mass air flow prediction (%) 9.42 3.26 1.47 
Measured net IMEP (bar) 2.6691 14.4690 20.2350 
Simulated net IMEP (bar) 2.6677 15.4029 20.8295 




Figure 5.13: Effects of expansion diameter and characteristic length on exhaust 
port instantaneous pressure 
5.2.3. Turbocharger modelling 
5.2.3.1. Representation of turbocharger elements 
Turbocharger simulations with various complexities are available, including 0-D, 1-
D and 3-D. The 0-D mean-value models are based on experimental data collected 













simplicity and the reasonable accuracy in the measured operating range. 
Extrapolation is needed for turbocharger operation outside the measured range. 
 
In 1-D turbocharger models, the turbomachinery geometry is simplified and 
modelled using 1-D elements. Therefore, the pressure propagation and dynamics can 
be captured in 1-D models. However, a large amount of data is required for 
calibration of 1-D models [94]. In 3-D models, the full geometry information is used 
to model the performance of the turbocharger. While more details, such as the surge 
line prediction and air velocity, can be studied in a 3-D environment, the model 
complexity is significantly larger than for the 0-D and 1-D models. 
 
These three types are used at different stages of engine development. Since the 
geometry of the turbocharger was not available, 0-D turbocharger models are used in 
this study. Nevertheless, 1-D turbocharger models should be considered in future 
work when the necessary data becomes available. 
 
In GT-Power, the compressor and turbine are treated as 0-D elements in which the 
flow and efficiency are calculated based on the turbocharger speed and gas properties 
upstream and downstream of the element. The moment of inertia of the turbocharger 
was represented at the turbocharger shaft element. The power balance across the 
shaft is calculated instantaneously for the simulation of power imbalance at the 
turbocharger shaft, hence the speed variations during the simulation. The reduced 
speed, reduced mass flow, pressure ratio and efficiency measured on gas-stand are 
stored in turbocharger maps. These dimensionless reduced parameters are used to 







where ?̃? is the reduced turbocharger speed of compressor or turbine 
           𝑁 is the physical turbocharger speed 



















Where ?̃? is the non-dimensional mass flow of compressor or turbine 
            𝑚 is the physical mass flow of compressor or turbine 
        𝑃𝑜,𝑖𝑛 is the total pressure at inlet of compressor or turbine 
 
Besides temperature and pressure corrections, the reduced speed and reduced mass 
flow also need to be corrected based on gas constant and specific heat ratio. This is 











where  𝑀𝑠 and 𝑀𝑚 are multipliers for reduced speed and reduced flow respectively 
            𝛾𝑅  and 𝛾𝑎  are reference specific heat ratio and actual specific heat ratio 
respectively 
            𝑅𝑅 and 𝑅𝑎 are reference gas constant and actual gas constant respectively 
 
The pressure ratio and efficiency of the compressor are usually total-to-total values 
which are directly linked to compressor power, while total-to-static values are typical 
for turbines, due to the wasted exhaust gas kinetic energy at the turbine outlet. 
Nevertheless, standards vary among the turbocharger manufacturers. Care must be 
taken when comparing and using the turbocharger performance maps, since the flow 
characteristics and efficiency might be changed when different methods are used. In 
this study, total-to-total values are used for compressors (equation 5.11) and total-to-
















𝑇𝑜,𝑐𝑜𝑚𝑝 𝑖𝑛 ∗ (𝑃𝑅𝑐
(
𝛾−1
𝛾 ) − 1)
𝑇𝑜,𝑐𝑜𝑚𝑝 𝑜𝑢𝑡 − 𝑇𝑜,𝑐𝑜𝑚𝑝 𝑖𝑛
 
5.11 
where Ƞ𝑐𝑜𝑚𝑝 is the compressor efficiency 
              𝑃𝑅𝑐 is compressor total-to-total pressure ratio 
                  𝛾 is the ratio of specific heat 
 
Ƞ𝑡𝑢𝑟𝑏,𝑐𝑜𝑚𝑝 𝑝𝑜𝑤𝑒𝑟 =
𝐶𝑝,𝑎𝑖𝑟 × 𝑚𝑐𝑜𝑚𝑝 × (𝑇𝑜,𝑐𝑜𝑚𝑝 𝑜𝑢𝑡 − 𝑇𝑜,𝑐𝑜𝑚𝑝 𝑖𝑛)










where Ƞ𝑡𝑢𝑟𝑏,𝑐𝑜𝑚𝑝 𝑝𝑜𝑤𝑒𝑟 is the turbine efficiency calculated using compressor power 
              𝐶𝑝 is the specific heat 
       𝑚𝑐𝑜𝑚𝑝 is the compressor mass flow 
        𝑚𝑡𝑢𝑟𝑏 is the turbine mass flow 
            𝐸𝑅𝑡 is turbine total-to-static expansion ratio 
 
The calculation of turbine efficiency is based on the assumption of turbocharger 
power balance, because the temperature measurement downstream of the turbine is 
subject to the heat transfer effects at the turbine. Therefore, the calculated enthalpy 
drop across the turbine is not representative of the aerodynamic work. Most 
turbocharger manufacturers use the compressor as load when a turbine is mapped on 
a conventional gas-stand. Therefore, the turbocharger bearing mechanical losses are 
included in the turbine efficiency. It is worth noting that some turbocharger 
manufacturers map turbines on electrical dynamometers. As a result, the mechanical 
losses are not included in the turbine efficiency and a mechanical losses model is 
required. 
5.2.3.2. Compressor model in GT-Power 














The compressor performance data is used to interpolate the flow characteristics and 
efficiency at each tested speed line. Linear interpolation is employed on speed lines 
within the region where experimental data is given. In GT-Power, extrapolation of 
speed line to the low speed region is achieved by interpolating between the lowest 
tested speed line and an artificial speed line at 0rpm at pressure ratio 1 and mass flow 
0kg/s. The efficiency at the added line is set to a minimum efficiency of 20% by 
default. The mass flow rate is interpolated proportional to speed, and the pressure 
ratio is interpolated proportional to the square of speed. Therefore, the surge line is 
also extended to the low speed region. In addition, the efficiency in the low speed 
region is interpolated linearly between the added speed line and the lowest speed line 
from the provided data. 
 
In GT-Power, the flow characteristic of each speed line in the surge region is linearly 
extrapolated from the data point at lowest reduced flow to zero flow by assuming a 
slope slightly below zero. The efficiency in the surge region of each speed line is set 
to the efficiency at end points by default. Linear or quadratic interpolation between 
end point efficiency and minimum efficiency can also be selected. This is a 
simplified model. If the compressor surge is to be investigated and the compressor is 
meant to operate in the surge region, the reverse flow in the compressor can be 
modelled in GT-Power. Nevertheless, this is outside the scope of this study. The 
FGT compressor was matched to the test engine, and surge was not observed in the 
experiments with production level control strategy. 
 
The two points with highest flow rate on each speed line are used to extrapolate to 
the choke region. The efficiency at pressure ratio 1 is also set to 20% in the default 
setting, and the efficiency in the choke region is interpolated. 
5.2.3.3. Turbine model in GT-Power 
The turbine model in GT-Power interpolates and extrapolates the turbine reduced 
mass flow and efficiency, based on blade speed ratio at each constant expansion ratio 













efficiency at each expansion ratio line is found. Then the normalised mass flow and 
normalised efficiency are fitted, using the following equations: 
 
?̇?𝑛𝑜𝑟𝑚 = 𝑐𝑚 + 𝐵𝑆𝑅𝑛𝑜𝑟𝑚
𝑚 ∗ (1 − 𝑐𝑚) 
5.13 
where ?̇?𝑛𝑜𝑟𝑚 is the normalised mass flow 
       𝐵𝑆𝑅𝑛𝑜𝑟𝑚 is the normalised blade speed ratio 
                 𝑐𝑚 is fitting exponent 
                   𝑚 is fitting coefficient 
 
 
Ƞ𝑛𝑜𝑟𝑚 = 1 − (1 − 𝐵𝑆𝑅𝑛𝑜𝑟𝑚)
𝑏          𝐵𝑆𝑅𝑛𝑜𝑟𝑚 ≤ 1 
5.14 
where Ƞ𝑛𝑜𝑟𝑚 is the normalised efficiency 
                   𝑏 is fitting shape factor 
 
Ƞ𝑛𝑜𝑟𝑚 = 1 − 𝑐 ∗ (𝐵𝑆𝑅𝑛𝑜𝑟𝑚 − 1)
2          𝐵𝑆𝑅𝑛𝑜𝑟𝑚 > 1 
5.15 
where 𝑐 is fitting coefficient 
 
VGT turbochargers are represented by a group of turbine maps at different VGT 
positions. Thus, the turbine characteristics at any VGT opening can be interpolated 
within the tested range of vane positions. 
5.2.3.4. Scaling of turbocharger performance map 
The scaling of compressor and turbine performance data is based on non-dimensional 
representation of compressor and turbine characteristics. The non-dimensional 
groups are represented as [38]: 
 























Therefore, the non-dimensional groups become a function of the wheel diameter, 
provided that the other parameters are unchanged. The reduced mass flow and 


























As a result, the pressure ratio in the map data is not affected. If the wheel diameter is 
enlarged, the mass flow at the same pressure ratio will be increased and the speed 
required to achieve the same pressure ratio is reduced.  
In addition to the map data, the mass, and hence the moment of inertia of the 
compressor and turbine, are also affected by the size. Therefore, the moment of 







The moment of inertia can be calculated using: 
 
𝐼 = 𝑚𝑟2 
5.21 
where 𝐼 is the moment of inertia 























As a result, the reduced flow, reduced speed and moment of inertia of the compressor 
and turbine can be scaled in the simulation for investigation of the matching of the 
turbocharger and the effect of the size of the turbocharger on engine performance. 
 
Although this is a simplified approach for turbocharge map scaling which cannot 
capture all the variations in reality, such as the losses at the tip gap, this is reliable to 
investigate the trade-offs in engine development [123]. Nonetheless, CFD study can 
be performed to predict turbocharger performance if the compressor geometry data is 
available.  
5.2.3.5. Turbocharger model validation 
The compressor and turbine maps that were obtained using the test facility described 
in the previous chapter were used in the engine model to carry out full engine 
simulation. 
 
Turbine maps were collected at four different vane positions. Due to the non-linear 
characteristics of the VGT turbocharger, the VGT position in steady state simulations 
was set in closed-loop control for comparison between measured data and simulated 
results. Measured turbocharger speed was used as the target for the controller. 
 
 
Table 5.7 shows the comparison between the measured data and the simulated results 
at 2000rpm 229Nm. The prediction of the compressor pressure ratio was accurate. 
The discrepancies in the mass air flow and the IMEP were within 3%. Therefore, the 













VGT position in simulation was 48.9% closed, compared with 57% closed in the 
experiments. This may be due to the nonlinearity in the effects of the vane position 
on turbine characteristics and accumulative errors in the entire engine system.  
Table 5.7: Comparison between measured data and simulated results of full 











1.322 1.323 0.07% 
Inlet manifold 
pressure (bar) 
1.291 1.289 0.15% 
Total mass air 
flow (kg/h) 
170.4 174.5 2.4% 
Gross IMEP (bar) 14.84 15.27 2.9% 
 
Figure 5.14 shows the measured and simulated turbine expansion ratio. The 
prediction of maximum and minimum expansion ratio was accurate. The overall 
shape of the pulses was captured. However, discrepancies can be found at around 65 
to 85 degrees crank angle in the blow-down process of each cylinder. This may be a 
result of the 3-D effects in the exhaust system. Nonetheless, the accuracy of the 
overall steady state simulation is satisfactory. Errors in the simulation of engine air 
flow and IMEP were within 5%. 
 













5.2.3.6. Critique of turbocharger simulation 
Conventional compressor and turbine 0-D model maps cannot fully represent the 
complex flow and thermal dynamic behaviours within a turbocharger. The maps 
were obtained under non-adiabatic conditions, since the heat transfer between the gas 
and turbocharger housings was included when the enthalpy changes across the 
compressor or turbine were calculated using experimental data. Nevertheless, in this 
study, the turbine was mapped on the engine under low inlet temperature conditions 
(below 100ºC) without firing. Therefore, the heat transfer between turbine housing 
and compressor housing was minimised. In order to capture the thermal responses of 
the turbocharger in the future, the heat transfer model for the turbocharger with 
measured or estimated heat transfer coefficients is required. 
 
The bearing mechanical losses were included when the compressor power was used 
to calculate the turbine efficiency. Thus, the calculated turbine efficiency might 
differ from the actual isentropic efficiency. This may be improved if the bearing 
friction is modelled and added to the turbine power. Accurate prediction of friction 
losses may require further instrumentations, for example, oil temperature at the 
bearing housing. 
 
It is worth noting that no volume is represented in the 0-D turbocharger model, 
whereas lag can be found between the pressure waves measured at turbine inlet and 
outlet (Figure 5.15). A phase lag of approximately 15 degrees crank angle can be 
found between the two pressure traces measured at 2200rpm. Several studies have 
shown that the gas dynamics can be captured using 1-D turbocharger models to 
represent the flow behaviours inside turbine housing [124, 125]. This should be 














Figure 5.15: Instantaneous pressure at turbine inlet and outlet measured at 
2200rpm 
5.3. Validation of transient simulation 
5.3.1. Overall performance 
After the engine model had been validated for steady state simulation, it was also 
validated against experimental data collected from transient tests performed with the 
VGT turbocharger. To avoid accumulative errors and interactions between 
combustion system and turbocharging system, the validation simulations were first 
run with imposed turbocharger speed measured from transient experiments. The 
experimental valve timing settings were used in this simulation. The combustion 
model that was calibrated under steady state operation was employed. The throttle 
controller was in closed-loop control mode targeting 2 bar BMEP before tip-in, and it 
was switched to fully open after tip-in.  
 
Three VGT settings were simulated. The VGT was fully closed (90% closed) before 
tip-in, and it was set to 60% closed, 75% closed and 90% closed after tip-in. The 
turbine maps at these three openings were collected from the on-engine mapping 
facility, therefore, no interpolation was required in this simulation. Since the moment 
of inertia of the test VGT turbocharger was unknown, it was estimated using the 














Figure 5.16 shows the comparison between measured and simulated mass air flow. 
The flow characteristics of the entire system were captured. In the simulation with 
VGT 60% closed after tip-in, the flow was underestimated by up to approximately 10% 
in the first 1.2 seconds. Further, it was overestimated by approximately 5% between 
3 and 5 seconds after tip-in in the simulation with 90% closed VGT position.  
 
Figure 5.16: Comparison between measurements and simulation results of 
transient performance with imposed turbocharger rotational speed 
This might be the result of the scavenging model in 1-D engine simulation. Figure 
5.17 shows the predicted residual gas fraction. Since the residual gas fraction is 
difficult to measure, no experimental data were available for comparison. However, 
significant variation in the residual gas fraction is shown. In 1-D simulation, air flow 
into a cylinder is assumed to be homogeneously mixed immediately after it enters the 
cylinder volume. Therefore, the composition of any flow out of the cylinder is the 
same as the averaged composition in the cylinder. 
 
However, this may not be true, especially during transient, since the air motion at the 
ports and in the cylinders is complex. The valve timings were set to achieve 
maximum overlap in this test. In addition, the engine back pressure might be higher 
than intake pressure, due to the response of turbocharger acceleration. In these tests 
the minimum back pressure during tip-in occurred at the start of the tip-in with 60% 
closed VGT, and the maximum back pressure occurred at the end of the tip-in with 













in a 1-D environment. As a result, uncertainties could exist in these cases. 
Nevertheless, the maximum discrepancy was within 10% and it was in a short period 
of time. This is satisfactory for transient simulation. 
 
Figure 5.17: Predictions of residual gas fraction during transient 
To improve the scavenging model, information predicted from multi-dimensional 
tools may be provided for the 1-D environment in either separated simulation or co-
simulation. 
5.3.2. Combustion system 
In Figures 5. 18 – 5. 20, the simulated and measured combustion behaviours are 
compared. The measured data was processed so that each of the steps represents an 
engine cycle. At 2 bar BMEP before tip-in, a good match can be found, since the 
combustion model was calibrated using the experimental data collected at 2 bar 
BMEP. After tip-in, the estimated 10-90% combustion apparent burn duration was 
shorter than the measured data. This was because the boundary conditions varied 
from steady state operating conditions, where the combustion model was calibrated, 
to transient operating conditions. The variations in the intake and exhaust pressure, 
residual gas fraction, air motion in cylinder and engine thermal conditions might 
have affected the heat release process. Nonetheless, the estimated peak cylinder 
pressure and net IMEP are satisfactory for transient simulation. The trends in the 














Figure 5.18: Measured and simulated 10-90% burn duration during transient 
 
Figure 5.19: Measured and simulated peak pressure in cylinder 1 during 
transient 
It is worth noting that the engine IMEP dropped in the first cycle after tip-in in the 
experiments. Similarly, the peak cylinder pressures in the first cycle after tip-in were 
also lower than the following cycles. This was a result of the manual control of the 
target Lambda in the fuelling system in the experiments. The target Lambda was set 
to 1, and therefore the transient fuelling compensation was disabled, resulting in the 















Figure 5.20: Measured and simulated gross IMEP at cylinder 1 during transient 
5.3.3. Turbocharging system 
Figure 5.21 shows the instantaneous turbine expansion ratio at 0.1, 1, 2.5 and 5 
seconds after tip-in with VGT 60% closed. The maximum and minimum expansion 
ratios were captured in the whole transient simulation. Similar to the results at steady 
state, discrepancies in the pressure waves can be found. 
 
So far, the estimations of the mass air flow and turbine expansion ratio have been 
validated against measured results. Since the measured turbocharger speed was used 
as input data in this simulation, the only parameter left for the validation of turbine 
power was the turbine efficiency. During transient, the acceleration of the 
turbocharger requires higher power output of the turbine than the compressor power. 
The engine back pressure is likely to be higher than the intake pressure to drive the 
turbine. Therefore, the turbine may operate with high expansion ratio and low 
corrected speed conditions, resulting in a low blade speed ratio that is usually outside 
















Figure 5.21: Instantaneous turbine expansion ratio during transient, VGT 60% 
closed 
As described in the turbine modelling section in this chapter, the turbine efficiency 
was extrapolated from the optimum blade speed ratio, where the peak efficiency of 
each expansion ratio was reached, to higher and lower blade speed ratio. The major 
difficulty in extrapolating the turbine map using the experimental data collected in 
this project was that the maximum measured turbine efficiency was always at the 
maximum expansion ratio achieved at each speed line. Therefore, it was not clear 
whether the actual maximum efficiency at each speed line had been reached. This 
could be due to the limitations on the compressor loading. The air cooler and the 
pipes downstream of the compressor might have caused excessive pressure drop, 
which restricted the compressor flow. In addition, no data were available for fitting 
the normalised efficiency curve in the low blade speed ratio region. 
 
To overcome these difficulties, the turbine efficiency low blade speed ratio fitting 
shape factor was selected initially. This initial selection was based on estimation of 
optimum blade speed ratio and optimum efficiency. These estimations were only 
used for initial selection. Calibration of this factor might still be required. 
 
Calculated from the measured data and the turbine diameter, the blade speed ratio at 
the peak efficiency achieved in the mapping test was between approximately 0.62 













turbine, the optimum blade speed ratio may be affected by the vane position on the 
VGT turbocharger. Reyes-Belmonte [94] showed that the optimum blade speed ratio 
was between approximately 0.6 and 0.85 for different vane positions on a VGT 
turbocharger. Therefore, despite the lack of data for the low blade speed ratio, the 
actual peak efficiency points may be close to the points achieved in the experiments, 
even if the actual peak efficiency was not achieved. 
 
As a result, two possible conditions were compared: 1. the achieved peak efficiency 
points were the actual optimum efficiency points. 2. The actual optimum efficiency 
point was at a blade speed ratio 5% lower than the measured data, and the actual 
peak efficiency was 5% higher than the measured peak efficiency.  
 
In GT-Power, the recommended typical range for the shape factor was between 1.4 
and 2.2. Therefore, fitted curves with a shape factor of 1.6 and 2.0 were compared 
(Figure 5.22). They were considered to represent the range of possible fittings for an 
actual efficiency curve if measured data points in this region could be reached. It is 
shown that the fitted curve extrapolated from the original peak efficiency point with 
shape factor 2.0 was within the possible efficiency range. Therefore, with the 
available data, the initial shape factor for calibration was chosen as 2.0. 
 
Figure 5.22: Fitted curves of normalised turbine efficiency against normalised 













In Figure 5.22, the original fitted efficiency curve for VGT 90% closed (shape factor 
1.3) is also plotted. This was fitted using the raw data and the default settings in GT-
Power. For comparison, the blade speed ratios for all the curves were normalised to 
the operating point where the measured peak efficiency occurred. It is shown that, 
using the raw data and default settings, the estimated optimum blade speed ratio was 
larger than the measured data. This was because the default setting in GT-Power was 
to fit a curve of optimum expansion ratio against reduced speed for all speed lines 
measured. This resulted in errors in the fitted optimum blade speed ratio. Because of 
the shift in the optimum blade speed ratio, some of the data points on the high blade 
speed ratio side were shifted and used in the fitting for the low blade speed ratio 
region. As a result, the shape factor (and hence the turbine efficiency) were likely to 
be underestimated. Therefore, it was decided to use the raw data at measured 
maximum efficiency points to avoid the shift in optimum blade speed ratio. 
 
To summarise, two settings in the turbine map extrapolation were adjusted. The 
measured maximum efficiency points were imposed to be the actual optimum 
efficiency points to disable the default fitting, which shifted the optimum blade speed 
ratio in an unrealistic direction, due to the small number of data points available for 
fitting. In addition, the shape factor for efficiency fitting in the low blade speed ratio 
region was set to 2 as an initial value for calibration.  
 
With shape factor 2, the turbocharger shaft rotational acceleration was calculated 
using the simulated turbine and compressor power (Figure 5.23). The experimental 
data are also plotted for comparison. In general, good correlation can be found 
between measurements and simulated results after 2 seconds into transient. The 
rotational acceleration was overestimated before around 0.5 seconds, and it was 
underestimated between 0.5 and 1.5 seconds. 
 
The turbocharger rotational acceleration is proportional to the power imbalance on 
the turbocharger shaft. Hence, the accuracy of the predictions of compressor power 
and turbine power are crucial to the estimation of turbocharger acceleration. In the 
first approximately 0.8 seconds into the tip-in, the compressor operating points were 














Figure 5.23: Comparison between measured and simulated turbocharger 
rotational acceleration 
Figure 5.24 shows the fast measurement data and predicted compressor pressure ratio 
during the transient. Good correlation can be found in the region where map data 
were available. This confirmed the compressor map collected from the on-engine 
mapping facility used in this project. 
 
Figure 5.24: Compressor pressure ratio during transient (VGT 75% closed after 
tip-in) 
However, discrepancies were found in the region where no measurement data were 
available. The differences in the initial drop in pressure ratio may be relevant to the 
actuator response time. In the experiments, the time lag between the VGT actuator 
response and the pedal position signal response was up to approximately 0.05 













system to increase from minimum to maximum voltage was approximately 0.05 to 
0.1 seconds. This was inevitable for experimental facilities. 
 
The discrepancy was also relevant to the prediction of compressor performance at an 
extremely low pressure ratio – below 1, outside the data window. Compressor map 
extrapolation was employed in simulations for the estimations of compressor 
performance in the low speed and low pressure ratio region. This resulted in 
uncertainties in this region. Nevertheless, both the measured data and the simulated 
data in Figure 5.24 show that the compressor pressure ratio recovered to 
approximately 0.95 bar after the initial drop. The errors diminished after the 
compressor operating point entered the measured map data region. 
 
As a result of the uncertainties in the compressor performance at low pressure ratios, 
the errors in the averaged compressor pressure ratio were up to 5% in the first 0.5 
seconds. As shown in Figure 5.25, the predicted compressor power was below 0.1 
kW in the first 0.4 seconds. Since the absolute value of the compressor power was 


















To investigate the compressor behaviours at low pressure ratio and speed, 
compressor performance data in this region needs to be measured and modelled. This 
is more important for transient simulation, since the opening of the throttle requires a 
large amount of air to be drawn into the manifold volume. This results in an 
extremely low pressure ratio at compressor, where the compressor may operate as an 
expander transiently. Nevertheless, due to the availability of the data, the results 
shown in Figure 5.24 and Figure 5.25 are satisfactory. 
 
Besides the challenges in simulating compressor power in the low pressure ratio 
region, the turbocharger shaft friction was also difficult to estimate. The bearing 
friction is normally integrated into the turbine efficiency, since the compressor power 
is used to calculate turbine efficiency when generating the turbine performance map. 
However, the operating speed during transient might have been different from the 
speed points where map data were collected. The oil temperature at the turbocharger 
bearing housing, which also affected the shaft friction, was difficult to measure and 
estimate during transient. As a result, this is ignored in this study. It has been planned 
to control and measure the oil temperature in future tests. 
 
Figure 5.26 shows the maximum and minimum values of predicted instantaneous 
normalised blade speed ratio during the transient. The normalised blade speed ratio 
before tip-in was high because the turbine expansion ratio instantaneously dropped 
below 1 at low engine load. After tip-in, the normalised blade speed ratio dropped to 
below 1, and gradually increased and stabilised after approximately 1 to 1.5 seconds 
into the transient as the turbocharger acceleration reduced. Since low blade speed 
ratio represented high available energy to the turbine, the turbine efficiency at low 
blade speed ratios was more important to the turbine power calculation. However, 
the minimum normalised blade speed ratio during the transient, especially in the first 
1.5 seconds, was below approximately 0.5: this was in the region where no data were 














Figure 5.26: Predicted normalised blade speed ratio 
Figure 5.27 shows the cycle-averaged turbine operating points on the turbine map in 
the transient simulation with 60% closed VGT after tip-in. It was found that the 
turbine operating points moved into a low efficiency region immediately after tip-in. 
This was a result of the low blade speed ratio shown in Figure 5.26.  
 
Figure 5.27: Turbine operating points during transient, VGT 60% closed after 
tip-in 
In addition to the variations in the blade speed ratio during the transient, the 
uncertainty in the low turbine expansion ratio region where no turbine map data were 
available, also affected the accuracy of the transient simulation. The minimum 
turbine expansion ratio in the available turbine map data shown in Figure 5.27 was 













measured expansion ratio region until 1.5 seconds after tip-in. The same trends can 
be found in simulations with VGT 75% closed and 90% closed after tip-in. The 60% 
closed VGT was the worst scenario among these three simulations, because the time 
required to move the turbine operating point into the available expansion ratio region 
was longer for VGT 60% closed.  
 
Figure 5.28 shows the effects of the efficiency fitting shape factor at low blade speed 
ratio on the calculated turbocharger rotational acceleration. In general, the shape 
factor 2.0 provided the best overall fitting. Therefore, this shape factor was used in 
transient simulations. 
 
Figure 5.28: Effects of changing turbine efficiency shape factor at low blade 
speed ratio on the simulated turbocharger rotational acceleration 
To overcome the challenges in estimating the compressor and turbine behaviours 
during transient, accurate measurements in wider operating range and effective 
modelling will be necessary. This requires better control of boundary conditions and 
testing procedures, since the accuracy becomes more sensitive to the precision of 
measurements at low power [126, 127]. The conventional gas stand layout may need 
modification, such as a compressor recirculation loop for wider turbine operating 
range. The use of turbocharger 1-D models will also benefit from the accuracy of the 
extrapolation. The on-engine turbocharger mapping facility presented in Chapter 4 














5.3.4. Final validation 
The responses in the combustion system, air path, and air charging system with the 
imposed turbocharger speed trajectory have been validated. Thus, the final validation 
was with the turbocharger shaft connected between the compressor and turbine. 
Figure 5.29 and Figure 5.30 show the simulated mass air flow and turbocharger 
speed. Despite the errors in the estimated turbocharger rotational acceleration, the 
error in the turbocharger speed was within 5krpm, 7.5% after tip-in. 
 
Figure 5.29: Mass air flow during transient (simulations with connected 
turbocharger shaft) 
 














Thanks to the precise modelling of the combustion system and the air path, accurate 
boundary conditions were provided for the turbocharger model. Thus the cumulative 
errors in the engine and the turbocharging systems were minimised during transient. 
The accumulative error was also minimised. 
 
Table 5.8 shows the comparison between the original turbine fitting shape factor and 
the modified shape factor. The shape factor 2 was used for all four VGT maps. 
Although this was only an estimated value, unrealistic fittings shown in Figure 5.22 
can be avoided. In addition, the comparisons shown in Figure 5.24 were satisfactory. 
 
Since the turbine extrapolation has been modified in the transient calibration process, 
the modified map needs to be validated at steady state again. As in the previous 
calibration, a PI controller was used to control the VGT position to achieve the 
measured turbocharger speed in the simulation at 2000rpm 229Nm. Figure 5.31 
shows the comparison of the turbine expansion ratio for the steady state simulations 
with original map and with modified map. The VGT position was changed from 48.9% 
closed to 50.3% closed. No significant variation was found. As a result, the full 
engine model was validated for both steady state and transient simulation. 
Table 5.8: Comparison between turbine efficiency fitting factors with default 
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Figure 5.31: Comparison between simulations with original map and modified 
map 
5.4. Conclusions 
In this chapter, the engine modelling techniques and the details of the calibration 
process were presented and discussed. The engine model used in this project was 
validated at both steady state and transients. The principle points to conclude this 
chapter are listed below: 
 
1. A procedure was followed to calibrate the combustion model, flow elements and 
turbocharger model in the engine model in 1-D environment. Experimental data 
was used to calibrate the engine model in the operating range of 1000rpm-
5800rpm, at 10%-100% load. 
 
2. Semi-predictive combustion model was generated using the experimental data to 
cover the entire engine operating range. The exhaust manifold elements were 
created using actual exhaust geometry data. The turbine efficiency fitting 
coefficients were estimated to extrapolate into the low blade speed ratio region. 
 
3. In general, the accuracy of the estimation of mass air flow, net IMEP and 
turbocharger speed was within 5% at both steady state and transient operation. In 
addition, the instantaneous pressure in cylinders, intake and exhaust ports, and 













accuracy. The predictions of the pressure wave and pulse magnitudes were 
accurate. 
 
4. In order to further enhance the accuracy and predictability of engine modelling, 
the following improvements may be carried out in future work: 
 
a) Combustion model - More experimental data will be required to calibrate an 
empirical model that covers wider operating range of boundary condition (for 
example intake and exhaust pressures) or a predictive combustion model. 
 
b) Turbocharger model – 1-D turbocharger model may be used to capture the 
effects of heat transfer and gas dynamics. In addition, a wider range of 
turbocharger operating points need to be covered in the mapping process. 
Turbocharger mapping facilities such as the one presented in chapter 4 may be 
useful to improve the understanding and modelling techniques of turbocharging 
systems. 
 





Chapter 6 - Steady state behaviour 
 
 
In this chapter, a series of scoping investigations of the engine steady state 
behaviour will be presented. The chapter is split into three sections. In the first 
section, an experimental investigation of the overall effect of fuel enrichment and the 
trade-off between engine fuel consumption and turbine inlet temperature limit will be 
discussed.  
 
In the second section, the experimental results of steady state comparison between 
FGT and VGT will be shown. This will be followed by a simulation analysis to 
understand the findings from the experiments. 
 
Finally, the simulation of turbine matching will be presented to demonstrate the full 
potential of VGT in improving the steady state performance of gasoline engines. In 
addition, the trade-offs between steady state performances will be investigated. 
 
The work presented in this chapter formed part of the research paper presented at 
the IAV International Congress on Engine Processes in Berlin, 2013 [128], and was 
also presented at the conference of The Spark Ignition Engine of the Future in 
Strasbourg, 2013 [129].  





6.1. Trade-off between fuel consumption and turbine 
inlet temperature 
Fuel enrichment is a common measure to reduce exhaust gas temperature on 
turbocharged gasoline engines. This causes effects on the mixing process, and hence 
the combustion process. In addition, the evaporation process of the fuel reduces the 
mixture temperature and exhaust gas temperature. Lambda value is a parameter that 
indicates the level of fuel enrichment. Lambda above 1 indicates lean mixture, while 
Lambda below 1 indicates rich mixture.  
 




where 𝐴𝐹𝑅 is air-to-fuel ratio 
           𝐴𝐹𝑅𝑠𝑡𝑜𝑖 is stoichiometric air-to-fuel ratio 
 
In order to investigate the overall effects, spark timing and Lambda sweeps were 
performed in experiments. Two engine operating points were selected: 1600rpm 
200Nm and 2800rpm 150Nm. These two operating points were within the 
stoichiometric operating region. Thus, the Lambda can be varied in a wide window at 
these operating points. In addition, turbine inlet temperature (TIT) was close to the 
limits. Thus, these two operating points were models likely to be affected if the TIT 
was lowered. 
 
The pre-catalyst Lambda target varied between 1.08 and 0.9 (Lambda 1.08 was not 
tested at 1600rpm 200Nm due to knock limits). For each Lambda setting, a spark 
timing sweep was performed from the most advanced knock-limited setting to the 
most retarded TIT-limited setting. For simplification, the knock sensor on the engine 
was used as knock indicator. At each test point, the engine was stabilised for 5 
minutes before recording. If knock occurred before recording was finished, the spark 
timing was retarded and the data point was deleted. 
 
The valve timing and pedal position were maintained at constant level. The 
production ECU strategies for throttle position and boost pressure control were 





applied to achieve a stable torque level, while the Lambda and spark timing settings 
were varied. The engine torque variation was within ±3.5% and ±2.5% at the two test 
points, respectively. The mass air flow variation was within ±0.5% and ±0.2% at the 
two test points. 
 
The recorded test points at the two engine operating points are presented in Figure 
6.1. It is shown that the knock-limited spark timing was advanced when fuel 
enrichment was applied. At the two engine operating points, the spark timing can be 




Figure 6.1: Spark timing and Lambda test points 
In Figure 6.2, the Brake Specific Fuel Consumption (BSFC) at different spark 
timings and settings of pre-catalyst Lambda is plotted against the equivalence ratio, 
which is proportional to the fuelling amount, provided that the mass air flow is 
maintained at constant level. The relationship between BSFC and equivalence ratio 
at the same spark timing was linear in the rich combustion region. The optimum 
BSFC occurred close to Lambda 1. Either richer or leaner mixture causes increased 
the fuel consumption. 
 
In order to investigate the effect of fuel enrichment on fuel consumption, the average 
impact on the engine fuel consumption was calculated using the data in the fuel 
Advance Advance 





enrichment region highlighted in Figure 6.2. At the corresponding spark timing, the 
average BSFC impact at two test points was 25.9 g/kWh and 28.4 g/kWh for a 0.1 
increase in equivalence ratio, which was equivalent to 28.8 g/kWh and 33.1 g/kWh 
for a 0.1 decrease in Lambda. 
 
Figure 6.2: BSFC at various equivalence ratios 
In Figure 6.3, the BSFC is plotted against the TIT. For the same operating points as 
those in Figure 6.2, the average BSFC impact was 33.7 g/kWh and 38.9 g/kWh 
respectively, for a 50°C decrease in TIT. 
 
It is worth noting that, compared with fuel enrichment, lean air-fuel mixture offered a 
smaller BSFC penalty for a unit decrease in TIT. This was because as much fuel as 
possible was burned with the weak mixture, and this offered both excellent 
combustion efficiency and low TIT. However, lean mixture is not a preferred method 
to reduce TIT at high load, as the engine torque is also reduced significantly. In this 
experiment, the reduced torque was compensated for by opening the throttle and 
increasing mass air flow. This cannot be achieved at full load. Therefore, only fuel 
enrichment is analysed in this study. 
 
By enriching the mixture from Lambda 1 to Lambda 0.9, the knock-limited spark 
timing can be advanced by 2.25 and 1.5 degrees crank angle at the two test points 










both fuel consumption and TIT could be achieved. As shown in Figure 6.2, the 
engine fuel consumption deteriorated as the spark timing was retarded. 
 
 
Figure 6.3: BSFC and TIT at various operating conditions 
The combustion thermal efficiency can be improved by advancing the spark timing 
(Figure 6.4). Therefore, advancing spark timing offered the opportunity to reduce the 
fuel consumption impact due to fuel enrichment. 
 
 
Figure 6.4: P-V diagram of the most advanced spark timing settings at each 
Lambda target 
Thus, taking into account the extended window for spark timing, the trade-offs 










and 8.6%) increase in BSFC respectively, for a 50°C decrease in TIT. This was a 
result of a BSFC deficit of 36.2% and 41.9% being offset by advancing the spark 
timing. 
 
Nevertheless, the engine operating points at lower load will not be affected by the 
variations in the TIT. Therefore, it is also necessary to understand the operating 
region where the fuel consumption will be affected if the TIT is varied. 
 
Measurement data from the engine mapping test was used to investigate the effect of 
varying the TIT limit on the requirement for fuel enrichment. A quadratic response 
polynomial model of TIT was generated, based on the inputs of engine speed and 
torque at 23 operating points, at which the pre-catalyst Lambda target was 1. Another 
three stoichiometric operating points were used for validation of the response. 
 
The fitted response is : 
TIT = 227 + 0.1581 * Speed + 2.13 * Torque - 8.862e-06 * Speed ^ 2 
-2.28e-04 * Speed * Torque - 8.548e-04 * Torque ^ 2 
 
where TIT is turbine inlet temperature (°C) 
         Speed is the engine speed (rpm) 
         Torque is the engine torque (Nm) 
 
The summary statistics for the response model are listed in Table 6.1. The R2 and 
Root Mean Square Error (RMSE) were both excellent, and the Predicted Residual 
Error Sum of Squares (PRESS) statistics were very close to their non-PRESS 
equivalents. The validation RMSE was also close to RMSE. Therefore, the accuracy 
and the predictive ability of the model were both excellent, and the model was not 
over-fitted. 









6.847 8.543 0.998 0.996 10.208 5.32% 





The model was then used to predict the TIT-limited engine load above which a fuel 
enrichment strategy was required (Figure 6.5). The change in achievable engine load 
with stoichiometric combustion was relatively linear in this operating region. The 
average increase in the constrained engine load for a 50°C rise in TIT limit was 2.44 
bar BMEP.  
 
In Figure 6.6, measured engine speed and torque from a New European Driving 
Cycle (NEDC) test in which the data was recorded at 10Hz is also plotted. It is 
shown that the entire NEDC test can be operated with Lambda target 1, if the TIT 
limit is above 850°C. It should be noted that this response model was generated from 
the steady state test data, while the NEDC test points were mostly under transient 
conditions. Thus, the thermal inertia of the exhaust system and the thermal couple 
were not considered. As a result, peak TIT in the NEDC test predicted by the fitted 
response model was 45.3°C higher than that measured in the NEDC test. In addition, 
the ECU transient load control strategy was not taken into account in this prediction. 
Therefore, the Lambda target may be lower than 1 when the torque target in ECU is 
higher than the measured torque. 
 
 
Figure 6.5: Constrained engine load with stoichiometric combustion for 
different TIT limits 






Figure 6.6: Engine operating points in NEDC test 
It is shown that, with the same level of ICE technology, the exhaust gas temperature 
increased with the increasing engine load. Thus, the fuel enrichment may still be 
required in real world driving, where the engine speed and load can exceed the 
NEDC operating region. Therefore, to reduce the real world emissions, 
stoichiometric combustion is required in a larger engine operating region. 
 
In order to optimise the required level of fuel enrichment on highly downsized 
gasoline engines, the turbocharger design (as well as other ICE technologies on the 
fuelling system, scavenging system, exhaust gas recirculation system and water-
cooled exhaust manifold, etc.) needs to be considered in a systematic way. As a 
wider operating range will be covered by the new legislation drive cycles, the fuel 
enrichment should be kept at minimum level. Fuel enrichment may still be required 
in the region not covered, for example, peak power operating points which may only 
be needed in rare occasions. Thus, optimisation of fuel enrichment and systematic 
design of the engine are required to avoid over engineering and to improve the cost-
effectiveness of the product. Nevertheless, real-world driving emission should be set 
as the ultimate target, so that the vehicle emissions in drive cycle tests and real 
driving conditions are on the level. The industry is moving in this direction as lower 
level of fuel enrichment can be seen on latest gasoline engines. 
 





The use of VGT on gasoline engines has a more stringent requirement for low TIT, 
and hence fuel enrichment. More efforts may be necessary to fulfil the TIT 
requirements on gasoline engines with VGT. Nevertheless, part load operation where 
fuel enrichment is not required may also be improved by using VGT. Thus, both part 
load and full load operation need to be optimised for the comparison of overall fuel 
consumption for VGT and FGT. 
6.2. Comparison of FGT and VGT 
6.2.1. Experimental results 
In order to compare FGT and VGT, the original FGT turbocharger and the VGT 
turbocharger were tested on the 2.0L gasoline engine. The tests were performed at 
2000rpm since the low-end torque is crucial to downsized engines. This engine speed 
was chosen because the available boost pressure of the FGT turbocharger at 2000rpm 
was representative of the full load capability of this engine. 
 
The throttle was kept at wide open for back-to-back comparison. The valve phasing 
was kept at maximum overlap, and the Lambda target was set to 1. The control 
parameter of the turbocharger actuators (FGT: Pulse Width Modulation (PWM) duty 
cycle of solenoid valve on the pneumatic actuator driven by engine inlet manifold 
pressure; VGT: electric actuator position) were varied from the minimum turbine 
load to the maximum within knock limits. Thus, the full wide-open-throttle (WOT) 
region was covered in the experiments. 
 
At each VGT actuator setting, the spark timing was varied from the knock limits to 
the TIT limits at several engine load levels. The achieved knock-limited spark timing 
settings are presented in Figure 6.7. In addition, the maximum and minimum engine 
torque are also demonstrated. 
 
As the engine load increased, the knock-limited spark timing was retarded. The 
maximum engine load achieved with the VGT turbocharger was 319Nm, which was 
limited by the knock limit and the TIT limit (917°C at this test point). With the FGT 





turbocharger, the maximum engine torque was 260Nm (TIT 888°C at this test point), 
59Nm lower than that achieved with the VGT turbocharger. This was because of the 
knock limit, which, with the VGT turbocharger, can be advanced by up to around 3 
degrees crank angle compared with the FGT turbocharger. 
 
Figure 6.7: Comparison of engine operating window at 2000rpm WOT 
It should be noted that TIT difference was observed (917°C at 319Nm on the VGT, 
888°C at 260Nm on the FGT). To compensate for this variation (which is inevitable 
in experiments), the trade-off between maximum engine torque and TIT limit 
discovered in the previous section was applied. Therefore, the estimated peak torque 
achieved on the FGT became 271Nm if the TIT limit could be controlled at 917°C 
precisely. As a result, the maximum engine torque at 2000rpm was improved by 
48Nm (17.7%) by replacing the production FGT turbocharger with the VGT 
turbocharger.  
 
The minimum engine torque achieved with the FGT and VGT turbochargers was 
236Nm and 184Nm respectively. The variation was because of the different types of 
actuator used on the two turbochargers. On the VGT, the electric actuator was 
flexible to reach any target position within the hard-stop limits. However, on the 
FGT, the opening was dependent on the intake manifold pressure, dynamic exhaust 
gas pressure and the physical properties of the waste-gate mechanism. In addition, 
the minimum engine load at WOT was also affected by the flow capacity of the 
waste-gate. A detailed model of the waste-gate mechanism is required; however, this 





is outside the scope of this project. Future work will need to be carried out to 
investigate the response of the waste-gate and the minimum engine load achieved 
with the FGT without the limitation of the actuator. 
 
Figure 6.8 shows the comparison of BSFC for the FGT turbocharger and the VGT 
turbocharger. At WOT, the fuel consumption was reduced by approximately 4% by 
replacing the FGT turbocharger with the VGT turbocharger. Because of the 
differences in the achievable minimum load, the throttle was closed to achieve 
184Nm on FGT. This was achieved at the cost of increased pumping work, due to the 
excessive compressor power and throttling. On the VGT, the compressor outlet 
pressure was 1.07 bar at 184Nm. However, on the FGT, the air pressure at 
compressor outlet pressure was 1.31 bar, which was throttled to 1.15 bar at inlet 
manifold. 
 
Figure 6.8: Comparison of engine fuel consumption 
6.2.2. Simulation results 
In order to investigate the fuel consumption improvement in more detail, simulations 
at medium boost level (engine torque 229Nm at 2000rpm) were carried out. Tests 
that cannot be performed in experiments were simulated using the validated high 
fidelity 1-D engine model. 
 
The waste-gate was assumed to be flexible to control the engine torque with fully 
opened throttle at this operating point. Friction Mean Effective Pressure (FMEP) 
measured in VGT tests at 229Nm was imposed for both FGT and VGT simulation. 





The start of combustion used in the FGT simulation was interpolated from the knock-
limited spark timing measured in the FGT experiments: 1.5 degrees crank angle later 
than the most advanced setting at 229Nm in the VGT experiments. 
 
The simulated BSFC for FGT and VGT was 251.7 g/kWh and 245.9 g/kWh, 
equivalent to 2.3% difference. Although a variation smaller than 2% was found 
between the experimental data and simulation results, this was an excellent level of 
accuracy for investigation of improvements. 
6.2.3.1. Effect of changes in exhaust manifold 
It was found that the exhaust gas pulses were affected due to the change of exhaust 
manifold (Figure 6.9). The manifold damping effect and the reflected pressure wave 
were affected by the changes in the exhaust manifold volume and additional cavity. 
 
Figure 6.9: Measured instantaneous pressures at exhaust port of cylinder 1 
The original exhaust manifold for the production FGT turbocharger had a twin-skin 
structure. In the 1-D engine model, the cavity between the two layers was 
represented by an additional volume, and the gap between the two layers was 
represented by an orifice (Figure 6.10). Compared with this structure, the custom-
made exhaust manifold used for the VGT turbocharger had the following changes: 
 





1). Single layer structure. Therefore, no gap and cavity. 
2). Volume of the exhaust manifold is affected due to the different shape. 
3). No waste-gate required for the VGT turbocharger. 
 
 
Figure 6.10: Layout of exhaust system in 1-D engine model 
Thus, to investigate the effect of the change to the exhaust manifold, the FGT engine 
system was simulated with custom-made exhaust manifold elements. The turbine 
internal waste-gate was used in this simulation. Figure 6.11 shows the simulated 
exhaust port pressures. The effect of changes to the exhaust manifold on the pressure 
wave in the exhaust manifold was captured in 1-D simulation. 
 
Figure 6.11: Simulated instantaneous pressures at exhaust port of cylinder 1 
It was found that the BSFC and gross IMEP variations between simulations using the 
original manifold and the custom made manifold were smaller than 0.1%. Therefore, 
the effect of the change of exhaust manifold on the engine fuel consumption at 





229Nm can be ignored. Nevertheless, the effect of the exhaust pulses on the gas 
motion in the cylinder, and hence the scavenging and combustion process, cannot be 
captured unless CFD study is performed. 
6.2.3.2. Effect of changes in knock-limited spark 
timing 
Since the knock-limited spark timing was advanced by up to 3 degrees crank angle 
by replacing the FGT with the VGT, the effect of this variation on the combustion 
thermal efficiency needed to be studied. To separate different effects, engine 
simulation was run at constant engine torque 229Nm, with the 1-D model of the 
custom-made exhaust manifold and the FGT turbocharger. Two spark timing settings 
were compared: 8.25 degrees crank angle (VGT) and 6.75 degrees crank angle 
(FGT) before Top Dead Centre (TDC). These were the most advanced knock-limited 
spark timing settings at this engine load level for the VGT and FGT. Therefore, tests 
that cannot be conducted in experiments were simulated to demonstrate the benefits 
in the fuel consumption, provided that the spark timing with FGT could be further 
advanced. 
 
According to simulation results, by advancing the spark timing from 6.75 to 8.25 
degrees crank angle before TDC, the in-cylinder peak pressure was increased from 
58 bar to 60 bar. The BSFC was lowered from 251.7 g/kWh to 248.0 g/kWh, 
equivalent to a 1.5% improvement of fuel consumption. 
6.2.3.3. Effect of changes of turbine 
The potential for advancing the knock-limited spark timing was likely to be a result 
of better scavenging due to the lower exhaust manifold pressure from replacing the 
FGT turbine with the VGT turbine. Both systems were simulated in a 1-D 
environment. The same spark timing (6.75 degrees BTDC) and the model of the 
custom-made exhaust manifold were used in the simulation. 
 





By using the VGT turbine, the engine delta pressure (average pressure in exhaust 
manifold – average pressure in intake manifold) was reduced by 0.1 bar. The 
pumping loss was reduced from 0.25 bar Pumping Mean Effective Pressure (PMEP) 
to 0.16 bar PMEP (0.6% gross IMEP reduction). This was because of the waste-gate 
on the FGT, which bypassed some of the exhaust gas. Thus, the turbine system 
efficiency, which takes into account the by-passed flow, dropped and this required a 
higher turbine expansion ratio to produce the required turbine power. 
 
The power-weighted turbine efficiencies of the FGT and the VGT were 48.7% and 
39.1% respectively. However, 30.5% of the exhaust flow was bypassed on the FGT, 
which reduced the VGT system efficiency to 33.8%. Since no exhaust flow was 
bypassed on the VGT, the VGT system efficiency was the same as the turbine 
efficiency. Therefore, the system efficiency of the VGT was 5.3% higher than that of 
the FGT. Although the VGT turbine isentropic efficiency was lower than that of FGT 
at this engine operating point (which might be due to the vane aerodynamic losses 
and the turbocharger matching), the system efficiency of the turbine stage was 
improved by replacing the FGT with the VGT. The potential of reduction in 
bypassed flow is one of the key benefits of using VGT, as was discovered in the 
literature review. As a result of the lower pumping work, the engine BSFC was 
reduced from 248.0 to 246.4 g/kWh, equivalent to a 0.6% improvement.  
 
It is worth noting that the residual gas fraction in cylinder was reduced from 1.34% 
to 1.20%. Despite the difficulties in predicting the magnitude of the reduction of the 
residual gas fraction using 1-D simulation, this proved the trend that the scavenging 
process was improved, which was likely to be the cause for the extended knock-
limited spark timing window.  
6.2.3.4. Effect of changes of compressor  
It should be noted that the compressor efficiency in the simulation of the FGT and 
VGT systems varied, due to the change of compressor. The efficiencies for the FGT 
and VGT in the simulation at 229Nm were 60.0% and 70.1% respectively. 
Therefore, the compressor in the VGT turbocharger was replaced with the FGT 





compressor in the simulation, in order to analyse the effect of the change of 
compressor. 
 
By replacing the compressor performance map, the engine BSFC was increased from 
245.9 g/kWh to 246.4 g/kWh (0.2%). This was due to the increase in compressor 
power from 1.59 kW to 1.9 kW. As a result, the waste-gate opening was reduced to 
provide the additional load required by the compressor. The engine pumping work 
was increased from 0.13 bar PMEP to 0.16 bar PMEP (0.2% increase in gross 
IMEP).  
 
Therefore, 0.2% out of the 2.3% predicted BSFC improvement was due to the 
change of the compressor. If the same compressor was used on both the FGT 
turbocharger and the VGT turbocharger, the estimated BSFC improvement became 
2.1%. 
6.2.3.5. Distribution of fuel consumption 
improvement 
By investigating the engine behaviour in a simulation environment, the effects can be 
separated and studied, which cannot be achieved in experiments. Out of the 2.3% 
BSFC improvement achieved by replacing the FGT with the VGT turbocharger, 1.5 
percentage points was from the combustion thermal efficiency due to the extended 
knock-limited operating window (Figure 6.12). A 0.6% improvement was from the 
use of VGT turbine technology, due to the elimination of bypassed exhaust flow, 
which improved the system efficiency of the turbine stage and reduced pumping 
work. A 0.2% improvement was due to the change of compressor, irrelevant to VGT 
technology. Figure 6.12 illustrates the distribution of the benefit. 
 
It is worth noting that both the experimental data and simulation results from this 
study represented the benefit of using the specific hardware available in this project, 
which is also subjected to turbocharger matching. Therefore, it is necessary to 





demonstrate the full potential of using the VGT by performing the matching for the 
VGT. 
 
Figure 6.12: Distribution of fuel consumption improvement 
6.3. Turbine matching for steady state performance 
and comparison between FGT and VGT 
6.3.1. Turbine matching criteria 
In order to determine the full potential of the application of VGTs on gasoline 
engines, turbine matching was performed in simulations using scaled turbine maps, 
while the compressor was kept the same for back-to-back comparison. Several 
variable nozzle-type VGT maps were supplied by the turbocharger manufacturer for 
scaling and matching, they were from the same turbine family for comparison. The 
scaling of turbine maps was based on the algorithms described in Chapter 5. Several 
turbine sizes were selected and compared to investigate any potential trade-offs in 
matching VGT to gasoline engines.  
 
Thus, the optimum size of the turbine wheel can be selected for the prediction of the 
full potential of the use of VGT on gasoline engines. By using a turbine with smaller 
swallowing capacity, the maximum engine torque achievable at low engine speed 
may be improved, due to the higher turbine expansion ratio. However, at high engine 
speeds, the turbine efficiency may be lowered and the flow range of the turbine may 
not be sufficient, resulting in higher exhaust manifold pressure and fuel consumption. 





Thus, the selection of the turbine size depends on the target performance at high 
speed and low speed.  
 
With the intention of avoiding the use of large scaling factors, and to improve 
simulation accuracy, 0-D turbine matching was performed to select base turbine 
maps for preliminary simulations and scaling. This was followed by the 1-D engine 
simulations for the fine scaling and selection of the turbine sizes.  
 
In accordance with the preliminary simulation results, three turbine sizes were 
chosen for comparison in this study. Table 6.2 lists the matching criteria for 
candidate turbines. The large turbine was selected to represent the system solution 
with the lowest cost and simplest packaging, because the flow range was large, the 
waste-gate was not required at full load peak power WOT operating point. The small 
turbine was selected to represent the turbocharger with low moment of inertia for fast 
transient response. In addition, this was likely to improve the low-end torque. As 
these two turbines could actually be too big or too small for the best turbine 
efficiency, a medium sized turbine might provide the best turbine efficiency, and 
hence full load capability. The selection of a medium VGT would be dependent on 
the matching of the large VGT and small VGT. According to the preliminary 
simulation results, three VGT maps with the potential to meet the matching criteria 
were chosen. In the following section, the process of scaling and selecting the size of 
the three turbines will be presented. 
 
Firstly, the engine peak power operating point was simulated in a 1-D environment. 
The extrapolation of the combustion model was not enabled. Therefore, in this study, 
the combustion heat release profiles at the end points were used if the engine load 
was above the calibrated region of the combustion model. Knock prediction was not 
used for simplification. Therefore, the actual maximum engine torque on a real 
engine may be limited due to knock. In addition, the effect of the scavenging process 
on the knock-limited spark timing window cannot be captured in this simulation. The 
resultant simulated fuel consumption variation was from the changes in pumping 
work. 
 





Table 6.2: Turbine matching criteria for investigation 
 Large VGT Medium VGT Small VGT 
Size Large Medium Small 
Flow capacity High Medium Low 
Waste-gate requirement 
for full load operation 
No Yes Yes 









outside diameter of the 
base VGT maps for 
scaling studies 
1 0.94 0.86 
 
In order to verify the flow capacity, the throttle and vane position were kept at fully 
open. Since the flow capacity may not be sufficient, an additional waste-gate was 
used to control the engine load to reach the original engine torque target. The size of 
large VGT was selected so that it was the smallest size to reach target engine torque 
at WOT without the need for a waste-gate. The size of small VGT was selected so 
that the exhaust manifold pressure and, hence, fuel consumption achieved with the 
aid of additional waste-gate were not worse than those achieved with the original 
FGT turbocharger.  
 
Figure 6.13 shows the simulated exhaust manifold pressure with various turbine sizes. 
For the large VGT (VGT A), a waste-gate was required at peak power WOT if the 
normalised diameter was smaller than 1.03. For the small VGT (VGT C) with 
normalised diameter 0.78, the exhaust manifold pressure matched the level of the 
FGT. Therefore, these two normalised diameters were chosen for the large and the 
small VGTs. The two selected sizes are also highlighted in the figure. 
 
It is worth noting that, although the two VGT turbine maps used in the scaling 
simulation were in the same family, an approximately 0.1 bar exhaust manifold 
pressure discrepancy can be found when they were scaled to the same diameter level. 
This was because the effects of the turbine size on the performance cannot be fully 
captured by a simple scaling algorithm. Therefore, in order to maximise the accuracy 





of the simulation results, the scaling of the turbine diameter should be as close to 
unity as possible by using the closest performance map available. For the large VGT 
and the medium VGT, the diameter scaling factors were 1.03 and 0.91 from the base 
VGT maps respectively. Thanks to the iteration of the turbine matching process, 
these were the minimum scaling factors that could be achieved. 
 
 
Figure 6.13: Effect of turbine size on exhaust manifold pressure 
It was found that the turbine operating points were not in the optimum efficiency 
region for either the large or the small VGT. They were either too large or too small. 
Figure 6.14 shows the turbine operating point (averaged expansion ratio and reduced 
speed). Therefore, turbine matching was also performed to find the size of the 
medium VGT for optimum turbine efficiency, and hence engine fuel consumption, at 
full load.  
 
The matching of the medium VGT was scaled and optimised to achieve the best 
engine fuel consumption. Figure 6.15 shows the averaged turbine operating points 
for the medium VGT with optimised scaling factor. It is shown that the turbine 
operating points were close to the optimum efficiency islands, and the VGT position 
was close to medium opening. The resultant normalised turbine diameter was 0.96, 
corresponding to a scaling factor of 1.025 from the base map used for the medium 





VGT. Therefore, the sizes for the three turbine matching strategies are listed in Table 
6.3. 
 
Figure 6.14: Contour plot of turbine efficiency (%) and full load turbine 
operating points on the large and small VGTs 
 
 
Figure 6.15: Contour plot of turbine efficiency (%) and full load turbine 
operating points for the medium VGT 
 
Table 6.3: Turbine scaling factors 
 Large VGT Medium VGT Small VGT 
Normalised turbine outside 
diameter of the base VGT 
maps for scaling studies 
1 0.94 0.86 
Additional scaling factor 
for turbine outside 
diameter 
1.03 1.025 0.91 
 





This was in fact a better matching than the original FGT turbine, shown in Figure 
6.16. This was because the size of the FGT was also dependent on the required flow 
range to achieve the target exhaust manifold pressure. This was a trade-off between 
low speed performance and high speed performance. If the selected flow range were 
optimised for turbine efficiency at low-end, more exhaust flow might need to be 
bypassed at high speeds, reducing VGT system efficiency and increasing engine fuel 
consumption. However, with a VGT the turbine matching can be optimised with 
minimum exhaust flow being bypassed. Thus, the two configurations of variable 
nozzle type VGT, with and without an additional waste-gate, were investigated and 
compared in this project, as they represented different levels of system cost. 
 
 
Figure 6.16: Contour plot of turbine efficiency (%) and full load turbine 
operating points for the original FGT 
6.3.2. Comparison of engine steady state 
performance 
6.3.2.1. Engine fuel consumption 
Engine full load performance was simulated in a 1-D environment using the three 
scaled VGT turbines. The original FGT full load curve was used as target engine 
torque level in this simulation. The Lambda was maintained at the same level as for 
the FGT, assuming that the exhaust gas temperature limit was kept the same. Since 
the flow range of the medium and small VGTs was not sufficient for full load 
operation, both throttling and waste-gate bypassing were used as measures to control 
engine load. These two measures will be studied and compared.  
 





Figure 6.17 shows the fuel consumption saving over the original FGT at full load. 
The engine fuel consumption with all three VGTs with waste-gate was better than for 
the original FGT. It was found that the fuel efficiency of the large VGT at high 
speeds was lower than that of the medium VGT, although the large VGT did not 
require an additional waste-gate. This was because of the differences in the 
aerodynamic design of the two turbines. The peak turbine efficiency at fully open 
position was approximately 45% for the large VGT and 60% for the medium VGT. 
Nevertheless, the peak efficiencies of the three turbines are similar at closed vane 
position and medium vane openings. 
 
Figure 6.17: Fuel consumption benefits compared to FGT – full load 
Figure 6.18 shows the comparison of the turbine apparent efficiencies. Despite the 
high turbine efficiency of the FGT, the system efficiency of FGT was lower than all 
the VGTs due to the bypassed exhaust gas flow. The system efficiency of the 
medium VGT was the highest, because of the better matching. The system efficiency 
of the small VGT was very close to that of the FGT. This is the same trend as for the 
BSFC comparisons shown in Figure 6.17. 
 
For the medium and large VGTs, the largest fuel consumption benefit occurred at 
high engine power operating points. This is the region where more exhaust gas flow 
needed to be bypassed. 
 
It is also shown in Figure 6.17 that the engine fuel efficiency dropped significantly 
when throttling was used instead of the waste-gate. A fuel consumption deficit of up 





to 5.5% was found on the small VGT if the waste-gate was not used. For the medium 
VGT, the engine fuel consumption dropped below that for the large VGT if throttling 
was used instead of waste-gate bypassing. Therefore, the waste-gate was always 
preferred to throttling in the cases where the VGT flow capacity was not sufficient. 
 
Figure 6.18: Turbine efficiency comparison at full load (VGT turbines with 
waste-gate if necessary) 
Although the flow range of the large VGT was sufficient for full load operation, a 
waste-gate might still be required at part load operation when lower boost pressure is 
needed. Figure 6.19 shows the fuel consumption comparison at moderate boost level, 
approximately 1.3 bar boost pressure across the engine speed range, apart from 
1000rpm, where the maximum boost pressure was 1.1 bar. 
 
Figure 6.19: Fuel consumption benefits compared to FGT – part load 





It is shown in Figure 6.19 that the trends are similar to that shown in the full load 
comparison. The maximum improvements were still in the high speed and high 
power region. The medium VGT was still the best matching if a waste-gate was 
equipped. However, if it was not equipped with a waste-gate and throttling was used 
to control the engine load, the large VGT, which had large flow range, could still 
offer 1% fuel consumption benefits over the FGT, whereas the benefits of the 
medium VGT diminished. Similar to the full load results, the fuel consumption of the 
small VGT was worse than that of the FGT at high speed, if it was not equipped with 
a waste-gate. 
 
At engine speed above 3500rpm, all three turbines required a waste-gate to control 
the boost pressure at part load. In addition, 3500rpm was higher than the maximum 
speed covered by most of the current drive cycles. Therefore, the fuel consumption at 
low speeds (3500rpm and below) and high speeds (above 3500rpm) were 
investigated separately. Table 6.4 lists the averaged BSFC improvements for each 
VGT configuration at high speeds and low speeds. For simplification, this was a 
mathematical average of the data at full load and part load (Figure 6.17 and Figure 
6.19), each point had the same weighting factor. To obtain more accurate predictions 
for individual vehicle applications, mini-map points can be selected with weighting 
factors dependent on the importance of each point.  
Table 6.4: Fuel consumption improvement comparison at high speeds and low 
speeds 
























0.87 % 1.51 % 0.86 % 0.92 % 0.22 % -2.01 % 
 





In general, the fuel consumption improvements over FGT were around 0.5% to 2%, 
depending on the selection of the VGT and configuration. It is shown that the flow 
range of the VGT was important. This was because, if the flow range was 
insufficient, an additional waste-gate was necessary to prevent significant fuel 
consumption deficit at high speeds.  
6.3.2.2. Maximum torque at low engine speeds 
Although the fuel consumption improvements offered by the small turbine were 
lower than for the other turbines, the engine low-end torque might be improved. 
Therefore, simulation was carried out to investigate the maximum engine torque that 
could be achieved using the original FGT and the three VGTs at low engine speeds.  
 
VGT vane position sweep was carried out to predict the maximum engine torque 
achieved within the compressor surge limit, in-cylinder pressure limit and exhaust 
gas temperature limit. Since the combustion model was calibrated using experimental 
data collected from the tests with the FGT, the torque prediction was likely to be 
unreliable if the engine operating point was too far away from the measured engine 
operating points. Therefore, torque level above 300Nm was not of interest in this 
study, and the torque knee-point was investigated. 
 
Figure 6.20 shows the simulation maximum engine torque in the low speed region. 
The FGT can reach 90% of the maximum torque from around 1500rpm, whereas the 
three VGTs can reach 90% of the peak torque between 1250rpm and 1400rpm. 
Down-speeding of the torque knee-point was up to 250rpm compared with the FGT. 
Therefore, the drivability of the vehicle could be improved. Larger gear ratios may 
be selected for better powertrain optimisation and vehicle fuel consumption. In 
addition, further downsizing may be enabled. Engines with small displacements may 
be able to drive a heavier vehicle. 
 






Figure 6.20: Predicted engine low-end torque 
It is worth noting that the maximum engine torque achieved with VGTs at low 
speeds was limited by the compressor surge limit, rather than turbine power. Figure 
6.21 shows the simulated compressor operating points of the three VGTs with a 
series of vane positions. The green point in the plot was the compressor operating 
point with the FGT and fully closed waste-gate. The FGT turbine power was not 
sufficient to drive the compressor to the surge limit defined by the compressor 
performance map data. The engine running line at this engine speed is also plotted. 
This was based on the assumption of constant engine volumetric efficiency. The 
maximum compressor pressure ratio was approximately 1.7 with constant engine 
volumetric efficiency, provided that the turbine was able to deliver sufficient power. 
 
All three VGTs were able to provide sufficient turbine power to drive the compressor 
to the surge line. However, the maximum level of compressor pressure ratio, and 
hence the engine torque that could be achieved, varied. As the size of the VGT 
became smaller, the engine volumetric efficiency increased. Therefore, more air flow 
could be displaced at the same boost pressure level. Thus, the compressor operating 
point was shifted to the higher flow region (which could allow a higher pressure 
ratio). This was because the smaller turbine was operating in a more efficient region 
(Figure 6.22). This was a result of the turbine vane position being closer to the 
medium opening position where the VGT optimum efficiency is always found 
(Figure 6.23). 






Figure 6.21: Simulated compressor operating points at 1300rpm engine speed 
 
 
Figure 6.22: Contour plot of turbine efficiency (%) and 1300rpm maximum 
load 
As the vane was closed to increase boost pressure, the vane position of the large 
VGT and the medium VGT was almost fully closed, whereas the vane position of the 
small VGT was close to medium opening position where the VGT optimum 
efficiency is always found. Therefore, the low turbine efficiency of the medium and 
large VGTs resulted in low engine volumetric efficiency. 
 
Therefore, when VGT matching is performed in the engine design process, the vane 
position at target engine operating point needs to be close to medium opening 
position. Nevertheless, turbine scaling might be required when the maximum engine 
torque level is investigated without the target operating point being known. 
 
 






Figure 6.23: Normalised power weighted turbine efficiency and vane position 
It is worth noting that the actual compressor surge line may be affected by the 
measurement condition and the layout of the entire intake air path. Therefore, the 
actual surge line may be shifted to a higher flow region or a lower flow region. If it 
were shifted to the original FGT operating point, the potential for using the VGT to 
drive the compressor to a higher pressure ratio region would be diminished. 
Nevertheless, this will be dependent on the characteristics of the individual system. 
In addition, with the technology improvements in compressor map width 
enhancement, the benefit of using VGT may be extended. 
6.3.2.3. Trade-off between low-end torque and fuel 
consumption 
It has been shown that the three VGTs had different characteristics of steady state 
operation. Thus, they may be used on applications with different targets of fuel 
consumption and full load profile. In this section, the trade-offs between the 
attributes will be studied. 
 
Figure 6.24 and Figure 6.25 demonstrate the trade-offs between the engine torque 
knee point and the engine fuel consumption at high speeds and low speeds. Three 
levels of cost and packaging challenges are plotted: 
 





1. FGT – Low cost and packaging challenge 
2. VGT without waste-gate – Medium cost challenge because of the material 
requirement of the use of VGT on gasoline engines 
3. VGT with waste-gate – High cost and packaging challenges because of the 
requirement of the use of the additional waste-gate  
 
In Figure 6.24 and Figure 6.25, the optimum system is in the top left corner where 
the fuel consumption is low and the maximum engine torque can be reached at low 
speeds. By replacing the FGT with VGT, the torque knee-point and the fuel 
consumption can be improved at the same time. 
 
The engine torque knee-point can be lowered by 100–250rpm, compared to the FGT: 
the smaller the VGT used, the lower the torque knee-point. If the VGTs were not 
assisted by an additional waste-gate, the large VGT offered the optimum fuel 
consumption at both high speeds and low speeds. However, if the VGTs were 
assisted with an additional waste-gate, the medium VGT provided the most fuel 
consumption benefits, because of the optimum turbine matching at full load. 
 
At high speeds, the fuel consumption of the small VGT was worse than the original 
FGT, due to the insufficient flow range. However, this can be recovered by using an 
additional waste-gate. The additional waste-gate offered another 0.15-0.25% fuel 
consumption benefit at low speeds and 1% to 2.5% fuel consumption benefit at high 
speeds. 
 
Trade-offs are shown in this comparison. The knee-point of the small VGT was the 
lowest. This was achieved at a cost of a fuel consumption deficit, compared to the 
medium VGT. The selection criteria for the engine system are summarised in table 
6.5. The predicted fuel consumption benefit was a result of the reduction in engine 
pumping work. According to the results presented in previous sections, the benefit 
due to the changes in combustion phasing, which was not taken into account in the 
turbine matching, was likely to offer additional fuel consumption benefits. 
 
 






Figure 6.24: Trade-off between torque knee-point and fuel consumption at high 
speeds 
 
Figure 6.25: Trade-off between torque knee-point and fuel consumption at high 
speeds 
In addition, the optimisation of the transmission and the entire powertrain was not 
considered in this study. The improvement of torque knee-point and drivability can 
provide additional benefits from further downsizing and down-speeding the system. 
When the entire powertrain is designed, this should also be taken into account. 
 
It is shown that, if the large VGT is used, both low-end torque and fuel consumption 
can be improved at the same time. If low-end performance is prioritised for the 
application, the matching can be shifted to the smaller turbine to improve the knee-





point, by sacrificing some of the benefits at the top-end, while it can still be more 
efficient than the FGT. Therefore, matching the VGT was more flexible than 
matching the FGT. This was because of the flexibilities in the flow range and 
characteristics of the VGT. Besides the trade-off between fuel consumption 
improvement and the level of engine down-speeding, another potential of using a 
small VGT is the transient response due to the low inertia and better turbine 
efficiency at low flow region. This will be investigated in the next chapter. 
Table 6.5: VGT selection criteria based on steady state performance 
 VGT selection – cost level 1 
(not equipped with waste-
gate) 
VGT selection – cost level 2 
(equipped with waste-gate) 
Best fuel 
consumption at all 
speeds 
Large VGT Medium VGT 
Best fuel 
consumption at low 
speeds (for drive 
cycles) 




worse than FGT) 
Medium VGT Small VGT 
Best low-end 
torque 
Small VGT Small VGT 
 
6.4. Conclusions  
In this chapter the steady state behaviour of the FGT and the VGT turbochargers 
were investigated and compared. While the experiments provided a fundamental 
understanding of the comparison, simulations were carried out to obtain results that 
cannot be achieved in experimental testing. Therefore, the use of both experimental 
and simulation data improved a thorough understanding of the system. The key 
findings of this chapter are listed below: 
 





1. By using fuel enrichment, the gas temperature at turbine inlet at the two engine 
operating points tested (1600rpm, 200Nm and 2800rpm, 150Nm) can be reduced 
by 50°C, at a cost of 7.9% and 8.6% of engine fuel consumption. This was a 
result of 36.2% and 41.9% of the fuel consumption deficit being offset by 
advancing the spark timing in the extra operating window. For a 50°C rise in TIT 
limit, the achievable engine load limit can be extended by 2.44bar BMEP. 
 
2. In addition to the fuel consumption deficit, exhaust emissions are also affected 
under over-fuelling conditions. On the engine tested in this project, fuel 
enrichment was not required in the engine operating range of the NEDC. 
Nevertheless, a wider operating range will be covered in future drive cycles 
which means that the level of fuel enrichment should be minimised. The fuel 
enrichment should only be used in limited window, such as the peak power 
operating region. 
 
3. From experimental data, the maximum engine torque at 2000rpm achieved with 
the VGT was 317Nm, 48Nm (17.7%) higher than that achieved with the FGT. 
The knock-limited spark timing can be advanced by up to 3 degrees crank angle, 
due to the lowered exhaust manifold pressure and improved engine scavenging 
process.  
 
4. According to experimental results at 2000rpm, the engine fuel consumption was 
improved by 4% by replacing the FGT turbocharger with the VGT turbocharger. 
A 2.3% fuel consumption improvement was estimated in the simulation, of which 
0.6% was from the reduction of pumping work. This was a result of higher VGT 
system efficiency due to the elimination of waste-gate. 1.5% of the improvement 
was from the changes in combustion phasing due to extended spark timing 
window, while the remaining 0.2% improvement was because of the change in 
the compressor hardware which was irrelevant to VGT technologies. 
 
5. A matching criteria was developed to investigate the full potential of VGT over 
FGT. Three VNTs with different sizes were selected and used in engine 





simulation. It was found that both the low-end torque and the fuel consumption 
can be improved when compared to the FGT. 
 
6. According to simulation results, a maximum fuel consumption improvement of 
over 3.1% was seen due to reduction in engine pumping work. This was found at 
the peak power operating point where a large amount of exhaust gas flow was 
by-passed on the FGT. The engine torque knee-point can be advanced by up to 
250rpm. 
 
7. Trade-off between improvements in fuel consumption and the knee point of the 
engine torque was found. A criteria was summarised for the selection of VGT 
turbine size and configuration based on steady state performance. 
 
8. A novel configuration of variable nozzle type VGT turbocharger assisted by an 
additional waste-gate was proposed. The use of the additional waste-gate 
improved the average fuel consumption by up to 2.5% at high speeds, whilst the 
improvement in low-end torque was maintained.  
 
9. The use of VGT enabled further downsizing of gasoline engines. Additional fuel 
consumption benefits can be achieved by optimising the driveline. 
 
10. In order to further improve the use of VGT on gasoline engines and to utilise its 
full potential, larger maximum flow capacity will be required. This will improve 
the optimisation of the VGT turbocharger on gasoline engines. 
 





Chapter 7 - Transient behaviour 
 
 
In parallel to the work presented in chapter 6, the transient behaviour of the engine 
are shown in this chapter. The optimisation of the transient response of VGT has 
been performed in both experiments and simulations. The results of the experiments 
and simulations are presented in the first and second sections, respectively. 
 
A thorough investigation of the transient behaviour of VGT demonstrating the 
fundamentals of the responses are discussed in the third section. The VGT behaviour 
at three different stages during transients has been analysed. 
 
In the last section, the effects of the size of VGT on performance are shown. This 
leads to the conclusions of the comparison between FGT and VGT, and the trade-off 
between steady state performance and transient response. 
 
The work presented in this chapter was in part presented at the 11th International 
Conference on Turbochargers and Turbocharging in London, 2014 [130]. 
  





7.1. Optimisation of transient response in 
experiments 
7.1.1. Experimental approach 
The same VGT turbochargers used in the steady state experiments were also tested in 
transient experiments. The experiments were performed at one engine speed, 
2000rpm, which was close to the engine torque knee-point.  
 
In order to study the effect on transient engine operation unconstrained by possible 
deficiencies in the feedback controller, a series of open loop VGT actuator 
trajectories generated in dSpace were used to control the VGT position. The blow-off 
valve on the compressor housing was deactivated to avoid variations in the 
compressor operating point before tip-in. 
 
To eliminate the interaction between the turbocharger and the valve timing, the 
intake and exhaust valve timings were kept at the maximum overlap positions in the 
transient test. The Lambda target was maintained at 1, and the original production 
level spark timing control strategy was used. Before the start of each transient test, 
the engine was settled at 2 bar BMEP for five minutes. At tip-in, the throttle was 
fully opened and the open-loop VGT transient trajectory was also triggered at the 
same time. The coolant temperature at engine outlet and the air temperature at 
intercooler outlet were maintained at approximately 90˚C and 30˚C, respectively. 
 
To determine the VGT position before tip-in, the steady state fuel consumption and 
turbocharger speed at three VGT positions, 16% closed (fully open), 60% closed and 
90% closed (fully closed), were tested at 2 bar BMEP 2000rpm. The averaged fuel 
consumptions at the three operating points were the same, considering that the 
accuracy of the measurements is ±0.05% [131]. However, the averaged turbocharger 
speeds at the three VGT positions were 7.7krpm, 12.9krpm and 19.3krpm, 
respectively. Therefore, the VGT position that provided the highest turbocharger 
speed at low load was chosen for the VGT before transient trajectory was triggered. 





The aim of this experiment was to analyse the transient behaviour of the engine in 
the first 1.5 seconds, which is crucial to the engine transient response. Therefore, the 
time required to reach 50% of maximum torque rise (T50) and the turbocharger 
acceleration were the two key measurements for the comparison. As it was necessary 
to have more than two stages in the transient to optimise the dynamic response of the 
system, the limit of the number of tests, and the VGT actuator response time, it was 
decided that the 1.5 second period would be divided into three 0.5 second stages, 
each of which had a number of optional VGT positions. In order to define the 
boundaries for the VGT positions in the transient operation, a range of VGT actuator 
trajectories with single step change from fully opened to fully closed have been 
tested:16% fully open, 40% closed, 60% closed, 70% closed, 75% closed, 80% 
closed, 85% closed and 90% fully closed (Figure 7.1). 
 
Figure 7.1: Torque responses of single step change VGT actuator trajectories 
It was found that with the VGT position between 60% and fully closed after tip-in, 
1.1 bar boost pressure downstream of the compressor can be achieved at 1.5 seconds 
into transient. In addition, although T50 (178Nm) cannot be achieved within 1.5 
seconds with the VGT position 80%, 85% and 90% closed, these three VGT 
positions were still selected as options because of the potential for increasing the 
acceleration of the turbocharger. Therefore, six different VGT positions (from 60% to 
90% closed) were selected as optional openings at each one of the three transient 
stages after tip-in. Thus, a full factorial DOE of 216 transient tests was carried out in 
the experiments. 





7.1.2. Experimental results 
7.1.2.1. Response of engine brake torque 
The engine brake torque response for six tests with different VGT positions at the 
second stage (0.5–1.0 seconds) are compared in Figure 7.2. The VGT position 
described in Figure 7.2 and the following figures in this chapter as, for example, 90-
60-60-75, is defined as follows: the VGT setting before tip-in, VGT setting at first 
stage (0.0–0.5 s), VGT setting at second stage (0.5–1.0 s), and VGT setting at third 
stage (1.0–1.5 s). The comparison of torque response at the second stage is also 
shown in Figure 7.3. The VGT positions in the first stage and third stage in the six 
tests were not varied. The torque and turbocharger speed variations at the end of the 
first stage were within ±0.6% and ±2.1%, respectively. However, the maximum 
difference in torque at the second stage was up to 17.8Nm (14.1%). 
Figure 7.2: Torque responses of the six tests with different VGT 
settings; the measured torque has been smoothed using 10-
points smoothing 






Figure 7.3: Torque responses at the second stage (0.5 – 1.0 s); the measured 
torque has been smoothed using 10-points smoothing 
With the VGT 90% closed in the second stage, the torque dropped immediately after 
the vane was closed and resulted in restriction in the exhaust system. The 
instantaneous turbine inlet pressures are shown in Figure 7.4. With 60% closed VGT, 
the turbine inlet pressure was approximately 0.2 bar lower than that with fully closed 
VGT. This resulted in a lower turbine total-to-static pressure ratio and higher engine 
volumetric efficiency (Figure 7.5). The calculated volumetric efficiency was 
approximately 0.2 seconds delayed compared with the turbine pressure ratio, due to 
the damping effect of the air-path between the cylinder and the flow sensor. 
 
Figure 7.4: Instantaneous turbine inlet pressures at the second stage of three 
tests 






Figure 7.5: Turbine total-to-static pressure ratio and engine volumetric 
efficiency 
However, the turbocharger acceleration rate was 8.8%, lower than that with fully 
closed VGT. In addition, a torque drop can be observed when the VGT was returned 
to 75% closed at the third stage, and approximately 0.35 seconds was required to 
recover this torque drop. This was not acceptable in terms of drivability. Compared 
with other trajectories, the slow torque rise at the third stage was also a result of the 
low turbocharger acceleration at the second stage. This delay was approximately 0.2 
seconds at 1.5 seconds after tip-in. 
 
Therefore, a clear trade-off between the torque rise and turbocharger acceleration is 
seen, which affects the torque response at the next stages in the transient event. The 
optimised trajectory is also constrained by the drivability requirements. 
7.1.2.2. Response of turbocharger speed 
On turbocharged gasoline engines, the engine torque response is largely affected by 
the acceleration of the turbocharger. Therefore, the turbocharger acceleration rate 
was investigated. 
 
At each of the three stages in the transient tests, for the tests with the same VGT 
setting, first order and second order curves were fitted to the turbocharger speed 
entering the stage and the turbocharger speed at the end of the stage. A typical fitting 
at the third stage with the VGT 75% closed is shown in Figure 7.6: the R2 of the first 





order fitting and second order fitting are 0.9476 and 0.9478, respectively. No 
significant difference between the first order and the second order fitting was 
observed. The fittings at other stages with different VGT settings show similar 
trends, and they are not presented. 
 
Figure 7.6: Fitted responses of the turbocharger speed at 1.5 s and turbocharger 
speed at 1.0 s with VGT 75% closed 
Therefore, the rise in turbocharger speed at each 0.5-second stage in the first 1.5 
seconds was dependent on the turbocharger speed at the time of entering the stage 
and the VGT position at the stage: this relationship was relatively linear. Therefore, 
the turbocharger acceleration could be split into linear stages, provided that the 
duration of each stage was short. The chosen stage duration, 0.5 seconds, was small 
enough to optimise the transient operation. 
 
This was a demonstration of the fact that the turbocharger acceleration at each stage 
during transient needs to be optimised in order to achieve the fastest overall 
turbocharger response of the transient. 
7.1.2.3. Optimisation of the transient operation 
Two parameters were chosen for the optimisation of the transient operation: engine 
torque rise and turbocharger acceleration. The engine torque rise was selected 
because this was the output of the engine. The turbocharger acceleration was also 
selected because time to reach 90% of maximum torque rise (T90) cannot be reached 
within 1.5 seconds, and the turbocharger acceleration during the first 1.5 seconds 





needs to be optimised to provide high turbocharger speed when entering the next 
transient stage. 
 
Firstly, the response in the first 0.5 seconds was analysed. The elliptical 50% 
probability regions of torque and turbocharger speed rises in the first 0.5 seconds 
have been plotted in Figure 7.7. The shape of the ellipse was calculated assuming 
bivariate normal distribution. This was achieved by solving the eigenvalue of the 
covariance, which represents the length of the two axes of the ellipse, and the 
eigenvector of the covariance, which represents the direction of the two axes. 
 
Figure 7.7: Response curve between the turbocharger speed at the end of the 
first stage and the torque rise in the first stage. The ellipses shown in the figure 
represent the 50% probability region of the distribution of the data having the 
same VGT position at the first stage 
Each one of the six groups of data represents the test result of 36 different VGT 
actuator trajectories that had the same VGT position in the first 0.5 seconds. 
Therefore, the size of the circles represents the level of the experimental error. 
Overlap between the groups can be observed because the VGTs were close to fully 
closed position. Nevertheless, only four test points in total were outside the 75% 
probability regions. Therefore, the repeatability of the test was acceptable. 
 
A second order polynomial curve has been fitted to the mean values of torque and 
turbocharger speed rises of the six data groups. The non-linear response of the VGT 
turbocharger has been illustrated. Fully closing the VGT was not beneficial to either 
the torque rise or the turbocharger speed rise. Therefore, although the VGT 





turbocharger is flexible in reducing the effective area and accelerating the exhaust 
gas velocity, fully closed was not an optimum VGT position for the first 0.5 seconds 
of the transient. This may be a result of low turbine efficiency at fully closed VGT 
position. However, it was difficult to calculate the turbine efficiency in a transient 
test due to the response time of the thermocouples and the heat transfer effect on the 
turbocharger. This will be further investigated in simulations in the next sections. 
 
It is also shown that, because of the non-linearity of the VGT turbocharger, overshoot 
in VGT position feedback control may result in both slow turbocharger acceleration 
and slow torque response. In addition, the controller output may converge to 
unwanted values, for example, fully closed. Thus, to enable the use of the VGT 
turbocharger on gasoline engines, advanced control strategies may be necessary. 
 
On the other hand, opening up the VGT position to below 60% closed only gave 
marginal benefit on the torque rise at the first stage, and the turbocharger speed rise 
significantly deteriorated. Therefore, the calibration of the strategy depends on the 
requirement of the transient operation, which can be either a fast torque rise or fast 
turbocharger acceleration at the first stage. 
 
Secondly, the VGT positions at the second and third stage were investigated. In 
Figure 7.8, the turbocharger speed at 1.5 seconds is plotted against T50. Tests in 
which 50% of the maximum torque rise cannot be reached within 1.5 seconds are not 
shown. A Pareto optimal front was drawn. It was found that the highest Pareto 
efficiency could not be achieved with a VGT position of 60% (yellow rectangular) or 
90% (blue dot) closed at the first stage. With the VGT 60% closed at the first stage, 
the Pareto optimal front cannot be reached because the rise of turbocharger speed, 
and hence boost pressure, was slow. With the VGT 90% closed at the first stage, the 
turbocharger acceleration was delayed due to too much VGT closure (Figure 7.7). As 
the turbocharger speed at 1.5 seconds strongly affects the time required to reach 
higher torque (for example, 90% of maximum torque rise), it is likely to cause a slow 
torque response at a later stage in the transient, if the VGT position is fully closed or 
lower than 60% closed. 






Figure 7.8: Trade-off between the turbocharger speed at 1.5 s and T50 
The Pareto optimal curve was divided into three regions (Figure 7.9). In region 1, the 
turbocharger speed at 1.5 seconds was relatively low but the T50 was fast. The fast 
T50 was achieved by opening the VGT to 60% closed at the second stage to release 
the restriction in the exhaust system and to allow the 50% of maximum torque rise to 
be reached within 1 second. A significant torque drop can be observed in the torque 
responses of the majority of trajectories in region 1 (Figure 7.10), due to the closing 
of the VGT to accelerate the turbocharger after T50 was reached. With all the possible 
VGT settings at the third stage, the turbocharger speed cannot recover from the 
losses due to the opening of the VGT at the second stage. 
 
 
Figure 7.9: Pareto optimal front of the trade-off between turbocharger speed at 
1.5 s and T50 






Figure 7.10: Torque responses of trajectories in Pareto optimal curve region 1 
In region 2, the two trajectories were with intermediate VGT position (80% and 75% 
closed) at the first stage. The VGT was opened to 70% after T50 was reached. No 
torque drop was observed. 
 
In the third region of the Pareto optimal curve, the turbocharger acceleration was 
maximised. Therefore, the VGT was kept between 80% and 75% closed in most of 
the trajectories in region 3. This matched the trends demonstrated in Figure 7.7. The 
highest turbocharger speed at 1.5 seconds was achieved in this region, although the 
torque rise was slower. 
 
Thus, the trade-off between the turbocharger speed at 1.5 seconds and T50 has been 
shown. It was possible to optimise the transient VGT control strategy such that: 
 
a. The minimum T50 was achieved by opening up the VGT and releasing the 
restriction in the exhaust system. However, the turbocharger acceleration was 
deteriorated and this cannot be offset at later stages. 
 
b. The VGT was set to the opening optimised for turbocharger acceleration at 
the first stage, and it was then opened slightly to allow both acceptable 
turbocharger acceleration and torque build up. 
 
c. The VGT position was kept at the opening optimised for turbocharger 
acceleration until the target turbocharger speed was reached. This resulted in 





slower response of engine brake torque at early stages during transient. 
 
Table 7.1 presents the optimisation criteria for the VGT actuator trajectories, 
targeting different requirements of the transient operation. It was found that, despite 
the flexibility of fully closing the VGT and reducing the effective area to accelerate 
the exhaust gas and increase the kinetic energy, the turbocharger acceleration and 
torque response cannot be benefitted by fully closing the VGT at all three stages. In 
order to achieve fast transient response, the VGT position at all stages needs to be 
optimised. 
  
The torque responses of optimised VGT actuator trajectories are compared with a 
single-step-change VGT actuator trajectory (fully closed before tip-in and 75% 
closed after tip-in), as shown in Figure 7.11. The T50 was reduced by up to 47.1%, 
although the torque rise in the first 0.5 seconds and the turbocharger speed at 1.5 
seconds were slower. If the turbocharger speed at 1.5 seconds was not prioritised, the 
T50 could be improved by 35.5%. The turbocharger speed at 1.5 seconds could be 
improved by up to 0.5krpm, while the T50 could still be improved by 16.5%. By 
pursuing the fastest torque build-up in the first 0.5 seconds, the T50 improvement was 
limited to 33.9% and the turbocharger speed at 1.5 seconds was also lowered by 
6.4%. 
 
This highlighted the necessity of implementing an appropriate transient control 
strategy that prioritised the turbocharger acceleration only when it was required: for 
example, when the turbocharger speed corresponding to the target engine brake 
torque was higher than the current turbocharger speed. Therefore, if the demanded 
engine torque was within the naturally aspirated region, the engine torque response 
should be prioritised. 
 
From the experimental results, it seems that the VGT position of 75%-85% closed 
was the optimum for turbocharger acceleration at all three stages. In order to 
investigate the transient response in more detail, simulation investigation was 
necessary because the repeatability of the experimental results is never perfect. In 
addition, the reliability of the test results may result in challenges in interpreting the 





data due to, for example, the response time of the thermocouple. 
Table 7.1: Comparison of the optimised strategies 
 
Requirements of transient response 
Fast torque 
response in 
the first 0.5 
seconds 
Fastest T50 
Fast T50 and 
high turbocharger 




speed at 1.5 
seconds 
VGT position at 
first stage 
60% closed 
75% - 85% 
closed 
75% - 85% closed 
75% - 85% 
closed 
VGT position at 
second and third 
stage 
60% closed 
before T50 is 
reached 
60% closed 
before T50 is 
reached 
70% closed 
before T50 is 
reached 
75% - 80% 
closed 
Improvement  of 
torque rise in the 
















Improvement  of 
turbocharger 












Figure 7.11: Comparison of the optimised trajectories and the reference 
trajectory 





It should be noted that the duration of the three stages in the transient was 0.5 
seconds, and the intervals between the optional VGT positions were 5-10%. 
Therefore, larger improvement might be achievable if a smaller time step and VGT 
position interval were used. 
7.2. Optimisation of transient response in simulations 
Using the calibrated 1-D engine model, simulations were carried out to understand 
the experimental data by investigating the parameters that cannot be measured easily. 
The same full factorial DOE for VGT open-loop trajectories was performed. The 
turbine maps collected from the on-engine mapping facility were used in this 
simulation.  
 
The simulation result has been validated against experimental data, and it has been 
discussed in Chapter 5. In transient simulations, 5 seconds were given for the engine 
to settle down before tip-in. The engine speed was kept at 2000rpm constant, and the 
initial engine torque was set to 2 bar BMEP. A throttle controller was used to 
maintain the engine load. After tip-in, the throttle was fully opened. 
 
To perform transient simulation, the maps of the combustion heat release profile and 
the Lambda setting (which were mapped based on engine speed and torque) were re-
mapped based on engine mass air flow and engine speed. For the calculation of the 
valve timing, the engine volumetric efficiency was used to convert the engine air 
flow into relative air charge, which was then used to look up the valve timings during 
transient.  
 
Figure 7.12 shows the key parameters of the turbine and the engine during the 
transient simulation at 2000rpm. Among the three transients shown in the graph, the 
VGT position 75% closed offered the fastest turbocharger acceleration. This was 
because of the high turbocharger shaft power imbalance due to the high turbine 
power. Since the turbine power was a function of turbine expansion ratio, mass flow 
and efficiency, the high turbine power was not a result of a single parameter, but a 
result of the optimisation of these parameters. Due to the effect of engine volumetric 





efficiency, the high turbine expansion ratio resulted in low mass flow, assuming that 
the compressor pressure ratio remained the same. In addition, the turbine efficiency 
is also dependent on the VGT position. The turbine efficiency is always low at 
extreme opening or closing positions. Therefore, the optimum VGT trajectory was 
dependent on the optimisation of the turbine expansion ratio, the engine volumetric 





Figure 7.12: Simulated responses of the turbocharger and engine during 
transient 
The trade-off between the turbocharger speed rise and engine torque rise are plotted 
in Figure 7.13 and Figure 7.14. Figure 7.13 shows the simulated results of all the 
VGT trajectories with 70% closed in the first 0.5 seconds after tip-in. It is shown that 
the effect of increasing the VGT closing percentage on the turbocharger acceleration 
rate was non-monotonic. In order to achieve the highest turbocharger speed at 1.5 
seconds, the optimum VGT position at second and third stage during the transient 
was 75% closed. Closing the VGT too much resulted in low engine volumetric 
efficiency and low turbine efficiency, which offset the benefits offered by the high 





turbine expansion ratio. 
 
Figure 7.13: Simulated turbocharger acceleration against T50 (VGT 70% closed 
at first stage in transient) 
Figure 7.14 shows the simulation results of all the VGT trajectories with different 
VGT settings at the first stage. The shape of the marker in the graph represents this 
additional dimension: the VGT setting at the first stage. It is shown that the trends are 
the same as those shown in Figure 7.13. The optimum turbocharger acceleration was 
achieved with the VGT 75% closed at the first stage. Further closing the VGT did not 
provide faster acceleration.  
 
Figure 7.14: Simulated turbocharger acceleration against T50 (all VGT openings 
at first stage in transient) 
Varying the VGT position at the first stage in the transient seems to have added a 
shift in both the x axis and the y axis. The shift was a result of the variation of the 
initial condition at the second stage. A higher turbocharger speed entering the second 
stage was beneficial to both further turbocharger acceleration and torque rise, due to 





the larger air flow to the engine at higher turbocharger speed. 
 
Figure 7.15 shows a comparison between the simulated results and the experimental 
data. There was an offset between the two data sets. In addition, the experimental 
data covered a wider range. The offset was a result of the simulation accuracy, and 
the wider range that the experimental data covered was because of experimental 
error. Therefore, in order to obtain thorough understanding of the behaviour, both the 
simulation and experimental results are necessary. 
 
 
Figure 7.15: Comparison between experimental data and simulation results 
Based on the simulation results, the selection of the VGT position during transient 
should depend on the optimisation of the engine volumetric efficiency and turbine 
power. Although the VGT positions simulated were discrete, it was clear that the 
optimum VGT position for the fastest turbocharger acceleration at the first 1.5 
seconds at 2000rpm was around 75% closed for this particular turbocharger. 
 
If the fastest T50 was pursued, the optimum VGT trajectory needed to be 75% closed 
for the fastest turbocharger acceleration, until the target turbocharger speed was 
reached, with the VGT position set to approximately the steady state opening 
corresponding to the target torque. This was well correlated to the strategy 
summarised using the experimental data.  
 
It is worth noting that both the turbocharger response and the T50 of the original FGT 
turbocharger were faster than the VGT at 2000rpm. The turbocharger speed at 1.5 





seconds and the T50 achieved with the FGT were 86.5krpm and 0.82 seconds, 
respectively. However, the comparison was subject to the matching of the turbine and 
the available hardware in the experiments. Therefore, detailed understanding of the 
VGT response during transient and investigation of the effect of the turbine matching 
on engine response are necessary. 
7.3. Investigation of transient response 
In this section, transient simulations are analysed to understand the behaviour of 
three VGTs with different sizes selected and investigated in the last chapter (turbine 
A – large diameter, turbine B – medium diameter, and turbine C – small diameter). 
This is to obtain a comprehensive understanding of the effects of turbine matching on 
engine behaviour.  
 
The settings in the simulation were kept the same as those used in the transient 
simulation described in the previous section, except that the turbine maps were 
replaced. In addition, the simulation time was extended from 1.5 seconds to 4.5 
seconds, comprising three 1.5-second stages. The vane position for each VGT at the 
initial operating condition before tip-in was determined as the VGT opening that 
provided the same fuel consumption rate as FGT at 2 bar BMEP. 
 
Firstly, the small VGT was used and analysed in transient simulation at 1500rpm. In 
order to determine the optional VGT positions for DOE, a series of single step 
change VGT trajectories were used in simulation. The VGT position was set to 30% 
closed at initial condition, and the VGT position after tip-in was varied between 50% 
and 100% closed, with a step of 5%. 
 
The simulated responses of the engine torque and turbocharger speed are shown in 
Figure 7.16. It is shown that fully closing the VGT resulted in poor engine torque 
response due to the negative effect on engine breathing, and it was not beneficial to 
turbocharger acceleration either, because of the small mass flow through the turbine. 
Closing the VGT to 50% closed improved the response in the naturally aspirated 
region, however, this was not beneficial to either the engine torque rise or the 





turbocharger acceleration at a later part of the transient. Among the five simulations 
shown in Figure 7.16, VGT setting 60% closed provided the highest engine torque at 
the end of transient, and the VGT setting 80% closed provided the highest 
turbocharger speed at the end of transient. 
 
 
Figure 7.16: Simulated response of engine torque and turbocharger speed 
(Small VGT, 1500rpm) 
Figure 7.17 shows the turbocharger speed rise at each 1.5-second stage. It was found 
that, unlike the transient simulation results presented in the last section, the optimum 
VGT position for the fastest turbocharger speed rise at each stage varied between 
stages. The VGT position marked in black represents the VGT position that provided 
the highest turbocharger speed rise at each 1.5-second stage. However, since the 
VGT trajectories used in the simulation were single step changes, the initial 
condition at the start of a stage was the end condition of the previous stage with the 
same VGT setting. For example, the highest turbocharger speed rise at the second 
stage was with the 60% closed VGT position in the entire transient simulation. If the 
VGT position was 80% at the first stage, the selection of the VGT position at the 
second stage might not be 60% closed. 
 
Therefore, in order to investigate the transient responses in more detail, a full 
factorial DOE of the VGT trajectories was also performed for the small VGT at 
1500rpm. According to the simulation results of the single step change VGT 
trajectories, the optional VGT positions for each one of the three stages were chosen 
as 55% closed, 60% closed, 65% closed, 75% closed, 80% closed and 85% closed. 
Thus, the DOE of the VGT trajectories was formed of 216 different combinations of 





VGT positions. The complex behaviour of the engine system has studied to 
understand the variations of the optimum VGT position between stages during 
transient. 
 
Figure 7.17: Transient simulation results of single step change VGT trajectories 
(Small VGT, 1500rpm) 
Figure 7.18 shows the turbocharger speed rise at each stage in the DOE for the 
transient simulation. The VGT positions marked by the solid black circle were the 
optimum VGT positions from the single step change simulations, while the VGT 
positions marked by the dotted black circle were the optimum positions from the full 
factorial DOE simulations. Since the initial condition before tip-in was not changed, 
the results of the first 1.5 seconds from this DOE simulation were identical to the 
simulation results with the single step change VGT trajectories.  
 
Figure 7.18: Comparison of turbocharger speed rise between single step change 
simulations and full DOE simulations (Small VGT, 1500rpm) 
 





At second stage, the optimum VGT position was unchanged, however, the maximum 
turbocharger rise increased by approximately 5krpm. This was because the VGT 
position in the first stage was chosen as 80% closed for the maximum turbocharger 
acceleration. For the third stage, the maximum acceleration was not affected greatly, 
however, the optimum VGT position was moved from 65% closed to 80% closed as 
a result of the changes in the VGT trajectory at previous stages. Despite the 
variations in the turbocharger speed rise between the two simulations, the simulations 
with single step changes were able to capture the trends of the optimum VGT 
trajectory. 
 
The optimum VGT trajectory found in the DOE simulation for fastest turbocharger 
acceleration is shown in Figure 7.19. To achieve the highest turbocharger speed at the 
end of the transient, the VGT position was set to 80% closed in the first 1.5 seconds, 
and it was opened slightly at the second stage. At the third stage, the VGT position 
was again set to 75% closed. This trajectory was subject to the resolution of the 
DOE, the duration of each stage, and the number of stages.  
 
 
Figure 7.19: Simulated optimum VGT trajectory for small VGT at 1500rpm 
Therefore, in order to fully understand the response of the entire system, the 
simulation results were investigated in more detail. Figure 7.20 shows the simulated 
responses of the key parameters during the first stage of the transient. Simulations of 
three VGT trajectories are compared in the figure. Trajectory 2 in the graph (80% 
closed) provided the fastest turbocharger acceleration at the first stage. The VGT 





positions in the other two trajectories are 85% closed and 75% closed respectively. 
 
At the first stage in the transient, the high turbine expansion ratio should be pursued. 
However, this should not be achieved at the cost of the noticeable drop in turbine 
efficiency which resulted in low turbine power for trajectory 1, despite the high 
turbine isentropic power shown in Figure 7.21. This was the same as the trend found 





Figure 7.20: Simulated responses of key parameters during the first stage of 
transient (Small VGT, 1500rpm) 
At the second stage of the transient, the VGT position was slightly opened in the 
optimum trajectory, shown in Figure 7.22. This was because of the significant 
difference in the engine volumetric efficiency between the two settings (trajectory 2 





and trajectory 4). As the air flow built up, the effect of the changes in engine exhaust 
manifold pressure on the engine volumetric efficiency seemed to become more 
significant. 
 
Figure 7.21: Simulated turbine isentropic power at first 1 second after tip-in 
(Small VGT, 1500rpm) 
 
 
Figure 7.22: Simulated responses of key parameters during entire transient 
(Small VGT, 1500rpm) 





In order to understand the effects on the engine volumetric efficiency, the results of 
all the transient simulations at 1500rpm were used to create polynomial models of 
the engine volumetric efficiency. The first input to the model was engine air mass 
flow. Since the valve timings were kept at constant during the transient for simplicity, 
the second input to the model was chosen between the delta pressure across engine 
block (exhaust manifold pressure – intake manifold pressure) and the pressure ratio 
across engine block (exhaust manifold pressure / intake manifold pressure) to 
represent the scavenging condition of the engine during the transient. 
 
Second order polynomial models were built. The coefficient of determination of the 
two models with different input parameters were 0.9888 (model with input of 
pressure ratio across engine block) and 0.9858 (model with input of delta pressure 
across engine block). Both models could capture the response accurately. Since the 
model with the input of pressure ratio across engine block offered slightly higher 
accuracy, the pressure ratio across engine block was chosen as the second input 
parameter of the model structure for further investigation. Figure 7.23 shows the 
accuracy of the prediction of the engine volumetric efficiency. 
 
 
Figure 7.23: Prediction of the engine volumetric efficiency using the input of 
engine mass air flow and pressure ratio across engine block (1500rpm) 
Therefore, this model was used to predict engine volumetric efficiency at two 
different mass air flow levels (75 kg/h and 200 kg/h), corresponding to the flow 
levels achieved at the naturally aspirated condition and full load condition at 
1500rpm (Figure 7.24). It is shown that, at high flow level, the effect of change in 
pressure ratio across the engine block on the engine volumetric efficiency was more 





significant. This affected the optimisation of the turbine expansion ratio and the 
engine volumetric efficiency. 
 
Figure 7.24: Prediction of the engine volumetric efficiency at two engine mass 
flow levels (1500rpm) 
At the third stage in the transient, the VGT setting in the optimum trajectory was 
closed again. This resulted in a drastic drop in engine volumetric efficiency, and 
hence turbine mass flow. Both the turbine power and compressor power dropped. 
However, the turbocharger shaft power imbalance was highest: that is, the 
acceleration of the turbocharger was maximised during this stage. This was because 
the drop in turbine power was offset by the drop in compressor load power. While 
both the compressor power and turbine power were proportional to the mass air flow, 
the drop in turbine isentropic power was offset by the increase in the turbine 
expansion ratio as a result of the closing VGT position, shown in Figure 7.22. 
 
The increase in the turbocharger shaft power imbalance due to reduction of mass air 
flow happened only at a later stage during the transient. This was because of the 
increase in the ratio of compressor power to turbine power (Figure 7.25). At early 
stages in the transient, only a small portion of turbine power was used on compressor 
fluid work. Thus, the drop in compressor power by closing the VGT was not 
sufficient to offset the drop in turbine power. 
 






Figure 7.25: Simulated ratio of compressor power to turbine power during 
transient (Small VGT, 1500rpm) 
The three stages during the transient are explained in Figure 7.26. The optimum VGT 
trajectory for maximising turbocharger acceleration is summarised below: 
 
1. The VGT should be closed at an early stage during transient to achieve high 
turbine expansion ratio and hence turbine power.  
The selection of VGT position during this stage was dependent on the 
optimisation of turbine expansion ratio and turbine efficiency. 
 
2. As the engine mass air flow builds up, the VGT should be opened slightly to 
benefit engine volumetric efficiency which allows more air flow through the 
turbine.  
The effects of exhaust manifold pressure on engine volumetric efficiency 
became more significant at this stage. Therefore, the selection of VGT 
position during this stage was dependent on the optimisation of turbine 
expansion ratio, turbine efficiency and the engine volumetric efficiency. 
 
3. As the turbocharger power imbalance diminishes, the VGT should be closed 
again to deliberately reduce the engine volumetric efficiency, which reduces 
the compressor load. Whilst the compressor power is reduced, the turbine 
power can be recovered due to the increase in turbine expansion ratio, 
resulting in faster turbocharger acceleration. As a result, the selection of VGT 
position during this stage was dependent on the optimisation of turbine power 
and compressor power. 






It is worth noting that the entire transient was discretised into three stages for 
simplicity. In real engine transient manoeuvres where the transient can be divided 
into an infinite number of stages, the transition between the stages and the changes in 
VGT position should happen continually. The transitions are dependent on the 
changes in the characteristics of the engine volumetric efficiency and the changes in 
the ratio of compressor power to turbine power, which affects the optimisation of 
turbine power, compressor power and engine volumetric efficiency. 
 
However, closing the VGT at a later stage in the transient resulted in a drastic drop in 
engine torque as a result of the variation in mass air flow (Figure 7.27). This was not 
acceptable in terms of drivability. Thus, the reduction of compressor power by 
closing the VGT should be avoided during the transient. The optimisation strategy 
for the second stage should also be used at the third stage of the transient. 
Nonetheless, an advanced transient control strategy was needed because of the non-
monotonic response of the VGT turbocharger. A simple PI controller was unlikely to 
be able to control the complex system. 
 
 
Figure 7.26: Three stages during transient (Small VGT, 1500rpm) 
It is worth noting that, at the first and second stage, the turbine power and the 
turbocharger shaft power imbalance were both maximised in the simulation with the 
optimum VGT trajectory. This was also found in the simulation of the VGT at 
2000rpm in the previous section. Therefore, the VGT trajectory that maximised the 





turbine power was chosen as the strategy for optimised turbocharger speed 
acceleration. 
 
Figure 7.27: Simulated response of engine torque (Small VGT, 1500rpm) 
7.4. Turbine matching for transient response and 
comparison between FGT and VGT 
In the previous section, the simulation with single step change VGT trajectories and 
the simulation with full factorial DOE of trajectories were compared. It was found 
that the former was able to capture the trend in the optimum trajectories. Therefore, 
for the investigation of the responses of the VGTs of different sizes, single step 
change trajectories were used to save computational time. If the optimum trajectory 
for any case involved large variations in VGT position between stages, the full 
factorial DOE of trajectories would be performed again to confirm the results. 
 
In these simulations, the same setups as previous transient simulations have been 
kept. The turbine maps that were studied in the steady state matching were used to 
investigate the trade-offs between steady state performance and transient responses.  
 
Figure 7.28 shows the simulated turbocharger speed rise at each 1.5-second stage for 
the three VGTs at two engine speeds. Unlike the small turbine, no significant 
variation of the optimum VGT position between stages was found on the medium 
turbine and the large turbine. For the large turbine at 1500rpm, the optimum VGT 
position was varied from 90% closed to 80% closed during the transient. However, 





the difference in the turbocharger speed rise between VGT 80% closed and 90% 
closed at the first stage was below 1.7krpm out of 46krpm. This was negligible. 
Therefore, the simulation results of the single step change trajectories are valid for 
the optimisation of the transient responses at 1500rpm and 2000rpm for the medium 
and large VGTs. 
 
 
Figure 7.28: Simulated turbocharger speed rise of the three VGTs during 
transient at 1500rpm and 2000rpm 
However, significant variations in the optimum VGT position can be found in the 
transient response of the small VGT at 2000rpm. Therefore, a full factorial DOE was 
also performed. Figure 7.29 shows the comparison between single step change 
simulations and full DOE simulations for the small VGT at 2000rpm. The VGT 
positions marked by the solid black circle were the optimum VGT positions from the 
single step change simulations, while the dotted black circle marks the VGT 
positions that were the optimum positions from the full factorial DOE simulations.  
 
As with the comparison of the small VGT at 1500rpm, the selection of the optimum 
VGT position for the first two stages was not affected. Both simulations showed that 
the VGT should be closed slightly for faster turbocharger acceleration at the third 
stage. Nevertheless, the additional turbocharger speed rise in the third stage that can 
be achieved by closing the VGT was insignificant. The engine torque already 
exceeded the full load torque target before the end of the second stage in transient. In 
addition, torque drop was observed when VGT was closed at the third stage. 





Therefore, although closing the VGT at the third stage provided faster turbocharger 
acceleration at the third stage, this was not a realistic solution. In addition, the 
optimum VGT setting for the second stage should also be used for the third stage.  
 
Figure 7.29: Comparison of turbocharger speed rise between single step change 
simulations and full DOE simulations (Small VGT, 2000rpm) 
The optimum VGT trajectory at the three 1.5-second stages can be summarised in 
Figure 7.30. The dotted line and the solid line represent the optimum VGT 
trajectories with and without the engine torque drop due to the closing of the VGT 
during the transient. 
 
Figure 7.30: Optimum VGT trajectories from simulation results 
To compare the behaviour of different VGTs, the flow characteristic of the optimum 
VGT settings (at the first stage) and the FGT are plotted in Figure 7.31. The flow 
characteristics of these VGT settings were interpolated from the raw data supplied in 
the turbine performance map. 





As the size of the VGT reduced, the flow capacity of the optimum VGT setting was 
lowered. Therefore, the turbine expansion ratio, and hence the turbine power during 
transient, could be improved. This was achieved without a significant drop in turbine 
efficiency. For all three VGTs, the flow capacity could be further reduced by closing 
the vanes. However, the flow capacities shown in Figure 7.31 were the optimum 
setting at the first stage as a result of the optimisation of turbine expansion ratio and 
turbine efficiency. 
 
Figure 7.31: Flow characteristics of the optimum VGT settings at first stage 
during transient simulation 
At the first stage in the transient, the optimum flow capacity of the small VGT was 
lower than that of the larger VGTs. This was because the larger VGTs would have 
moved into a low efficiency region if they were further closed. However, the small 
VGT was operated at medium opening setting. At later stages during the transient, 
the optimum VGT setting for the small VGT was opened slightly when the effect of 
exhaust manifold pressure on engine volumetric efficiency became more significant. 
As a result, the use of the smaller VGT offered the opportunity to set the turbine to a 
lower flow capacity during the early stage of the transient for faster turbocharger 
acceleration. 
 
Since the flow capacities of the optimum VGT settings were mostly lower than the 
FGT, the flexibility of varying the flow characteristics of the VGT was beneficial to 
the optimisation of the turbine power. The only exception was the larger VGT. At 
2000rpm, the flow capacity of the optimum VGT setting for the large VGT at the 
first stage was almost the same as the FGT flow capacity. At 1500rpm, the optimum 
flow capacity of the large VGT at the first stage was close to that of the medium 





VGT. This was because the resolution of the turbine performance data of the large 
VGT was low in this region.  
 
Thus, for the large VGT, interpolation of the turbine efficiency was necessary for 
VGT settings between these two flow ranges, which represented a relatively large 
window. Furthermore, the difference in maximum turbine efficiency at these two 
turbine settings was over 20 percentage points. Therefore, the simulation result was 
affected by the resolution of the turbine performance data. Increasing the number of 
vane positions where the performance data were measured can improve the accuracy 
of the simulation. 
 
To be able to investigate the trade-off between steady state performance and transient 
response, the responses of the three VGTs at two engine speeds were measured, 
using the time required to accelerate the turbocharger to the speed where 80% of the 
full load torque could be achieved at steady state. Since the original compressor was 
used in these simulations, the difference in the turbocharger speed required to 
achieve the torque target for the three VGTs and the FGT was only 2krpm out of 
approximately 100krpm. The small variation was because engine volumetric 
efficiency was affected by the turbine matching and the resultant exhaust manifold 
pressure. Therefore, only one target turbocharger speed was used to measure the 
turbocharger response time for each engine speed condition. 
 
Steady state simulation was carried out to find out the corresponding target 
turbocharger speed. It was assumed that once the turbocharger speed reached the 
target, the response time of the engine torque was affected by the feedback controller. 
80% of full load torque was used as the target engine torque, since the later part of 
the engine response was more dependent on the thermal condition of the engine 
system. Modelling the details of the thermal system was outside the scope of this 
project. 
 
The time required to reach target turbocharger speed during transients is summarised 
in Table 7.2. Compared with the FGT, the response was up to 4 seconds faster at this 
engine speed. At 2000rpm where the response of the FGT was already fast, the time 





required to reach target turbocharger speed was improved by 0.68 seconds. At 
1500rpm, the turbocharger response time can be shortened by 3.3 seconds by 
replacing the large VGT with the small VGT. 
 
Figure 7.32 shows the comparison of the turbocharger response during transient 
simulations. While in most cases the response of the VGT was faster than that of the 
FGT, no benefit could be found for the large VGT at 2000rpm. This correlated to the 
optimum flow capacity shown in Figure 7.30. This may be affected by the resolution 
of the turbine performance data. In addition, the moment of inertia of the large VGT 
was larger than that of the FGT, due to the slightly larger turbine diameter. Therefore, 
replacing the FGT with the VGT did not necessarily improve the transient 
performance of the engine, if the VGT was not matched to the engine appropriately.  
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As the size of the VGT reduced, the improvement in the transient response over the 
FGT became more significant. The time required to accelerate the turbocharger to the 
speed where 80% of full load torque could be achieved at steady state was below 1.5 
seconds for the small VGT. 
 






Figure 7.32: Simulated turbocharger response during transient with optimum 
trajectories 
Figure 7.33 demonstrates the engine low-end torque performance at steady state and 
the turbocharger response time improvement at 1500rpm. Both performances can be 
improved by replacing the FGT with the VGT, and by reducing the size of the VGT. 
Therefore, within the turbine diameter range investigated, the engine low-end torque 
performance was correlated to the transient response of the engine. This was because 
the two measures were directly correlated to the diameter of the turbine. 
 
Figure 7.33: Simulated engine torque knee point and improvement in 
turbocharger response time 
Figure 7.34 and Figure 7.35 show the trade-offs between the transient response and 
the steady state fuel consumption. Since the response time at low engine speeds is 
more critical to downsized turbocharged engines, the turbocharger response time at 





1500rpm was selected to represent the engine transient response.  
 
Without the use of an additional waste-gate for high-speed operation, trade-off needs 
to be made between the engine fuel consumption and the transient response when 
selecting the size of the VGT. The smallest VGT offered the most significant 
improvement in response time, while the largest VGT provided the highest fuel 
consumption reduction. On the other hand, with the use of an additional waste-gate, 
the large VGT was no longer an optimum selection, since the medium VGT was the 
best turbine matching for fuel consumption saving. Nevertheless, the cost of the 
additional waste-gate, and the effort required to implement and control the waste-
gate, need to be considered. 
 
The radar chart in Figure 7.36 demonstrates the comparison of the key performance 
of downsized engines. The two configurations with and without waste-gate are 
shown separately, since the system simplicities were different for the two 
configurations. The engine performances compared in the charts are the normalised 
improvements of each VGT configuration over the original FGT. 
 
 
Figure 7.34: Trade-off between turbocharger response time and averaged fuel 
consumption at low speeds 






Figure 7.35: Trade-off between turbocharger response time and averaged fuel 
consumption at high speeds 
It is shown that, for both configurations, the small VGT provided the best transient 
response and low-end torque, whereas the fuel efficiency improvement was minimal. 
While the transient response and low-end torque of the medium VGT were close to 
those of the small VGT, the engine fuel consumption could be significantly improved 
with the medium VGT due to the optimum turbine matching. The configuration of 
the medium VGT, assisted with an additional waste-gate, provided the highest fuel 
efficiency. Although implementing and controlling the waste-gate introduced 
additional cost and complexity, using the additional waste-gate further improved the 
fuel consumption of all VGTs. Therefore, the configuration of a VGT assisted with 
an additional waste-gate was proposed for use on gasoline engines. This enabled the 
use of the full potential of the VGT. 
 
Table 7.3 summarises the selection criteria for the VGT configurations. If the VGT 
were simply used to replace the FGT with minimum additional cost and effort, the 
selection of VGT would be dependent on the trade-off between fuel efficiency, and 
transient response and low-end torque. Without an additional waste-gate, improving 
the transient response and low-end torque resulted in a deficit for fuel consumption. 
This was because the maximum flow capacity of the VGT was not sufficient to allow 
the use of the best match of the turbine.  
 







Figure 7.36: Radar charts showing normalised improvements of each VGT 
system compared with the FGT 
In cases where additional effort and cost can be made to further downsize the internal 
combustion engine and optimise the system, the medium VGT or the small VGT 
assisted with a waste-gate would be an optimum selection. In addition, further fuel 
consumption savings can be achieved by increasing the level of downsizing and 
optimising the powertrain. 
 
Therefore, for the optimisation of the VGT for use on gasoline engines, the 
maximum flow capacity and the efficiency in the region close to fully closed vane 
position are the two key parameters. Increasing the maximum flow capacity allows 
the use of a smaller VGT, while the fuel consumption at high speeds is not 
compromised. Unlike Diesel engines (which require the exhaust manifold pressure to 
be higher than intake manifold pressure for the use of EGR systems), production 
gasoline engines which do not commonly use EGR systems require high turbine 





efficiency at all operating conditions. Thus, improving the turbine efficiency at the 
closed vane position may offer opportunities to close the VGT to maximise turbine 
power and turbocharger acceleration during transients. If the fully closed vane 
position is not to be used (provided that the turbine efficiency is significantly lower), 
the design of the vanes can be improved to increase flow range. Therefore, in 
addition to the optimisation of turbine efficiency and turbine flow flexibility, the 
design of the vane and blade can be further optimised for the use of VGTs on 
gasoline engines. As a result, the design of the VGTs for gasoline engines and Diesel 
engines might differ for system optimisation. 
Table 7.3: Selection criteria for VGT configurations 
 VGT selection – cost level 1 
(not equipped with waste-
gate) 
VGT selection – cost level 2 
(equipped with waste-gate 
equipped) 
Best fuel 
consumption at all 
speeds 
Large VGT Medium VGT + waste-gate 
Best fuel 
consumption at low 
speeds (for drive 
cycles) 
Medium VGT Medium VGT + waste-gate 
Good capability of 
further downsizing 
Medium VGT Medium VGT + waste-gate 
Best capability of 
further downsizing 
Small VGT Small VGT + waste-gate 
 
7.5. Conclusions 
In this chapter both experimental and simulation investigations of the transient 
response of FGT and VGT were presented. The matching of VGT has been 
performed in simulations to compare between the FGT and the VGT and to 
demonstrate the full potential of the application of VGT on gasoline engines. The 
conclusions of the comparison are listed below: 
 





1. An open-loop search of the optimum VGT actuator trajectory was carried out in 
both experiments and simulations. A method was established to investigate and 
optimise the transient response. The experimental and simulation results of 
transient operation were well correlated. Therefore, a high fidelity engine model 
can be used for comparison and optimisation of transient behaviour in simulation 
environment. To further improve the simulation accuracy, turbine performance 
maps need to be collected at higher resolution at small openings. 
 
2. It was found that the turbocharger acceleration should be prioritised before the 
target turbocharger speed was reached during transient operation. Therefore, if 
the target engine torque during a transient was within naturally aspirated range, 
the engine volumetric efficiency should be prioritised. 
 
3. A fast transient response consisted of three stages: 
 
a. Maximising turbine power based on the optimisation of turbine expansion 
ratio and turbine efficiency. 
 
b. Maximising turbine power based on the optimisation of turbine expansion 
ratio, engine volumetric efficiency and turbine efficiency. The effects of 
exhaust manifold pressure on engine volumetric efficiency became more 
significant at high engine flow. 
 
   c1. Continuation of second stage if engine torque dip during transient was not 
acceptable for good drivability.  
   c2. Maximising the turbocharger shaft power imbalance based on the 
optimisation of compressor and turbine power, if engine torque dip during 
transient was acceptable. This may require the VGT to be further closed to 
deliberately reduce compressor flow and compressor power, while the reduction 
in turbine power can be minimised due to the increase in turbine expansion ratio. 
 
4. From the results of the transient simulation, the turbocharger response time at 
2000rpm can be improved by up to 4.0 seconds (73.4%) by replacing the FGT 





with the VGT. The improvement decreased as the size of the VGT was increased, 
and the response of the VGT may be slower than that of the FGT if it was not 
matched to the engine appropriately. The use of a smaller VGT allowed the 
selection of lower turbine flow capacity at the early stage of transient operation 
due to the improved matching of the turbine.  
 
5. Both steady state and transient performance can be improved by replacing the 
FGT with a VGT. Therefore, the VGT was an optimum system which enabled 
further downsizing of the internal combustion engine, and optimisation of the 
powertrain at a cost of increasing system complexity and cost. 
 
6. The trade-off between steady state performance and transient response was 
found. The engine transient response and the steady state low-end torque were 
correlated so that both can be optimised at the same time. However, the selection 
of VGT size was based on the trade-off between response time and fuel 
consumption. A selection criteria was summarised so that the selection of VGT 
configuration and size were recommended for a number of system requirements.  
 
7. With the proposed configuration of variable nozzle type VGT with an additional 
waste-gate, the full potential of VGT can be utilised. Despite the complexity and 
cost of implementing an additional waste-gate, the engine fuel economy can be 
further improved with no deficit on transient response or low-end torque. 
 
8. Concluded from the experimental and simulation results, suggestions were 
provided for further optimisation of the VGT for its application on gasoline 
engines. The maximum flow capacity and the efficiency at small openings are the 
two key areas to optimise. This resulted in different design requirements than 
those for applications on Diesel engines. 
 
9. It was challenging to control the VGT efficiently during transient, because the 
VGT behaviour was non-monotonic and complex. Therefore, an advanced 
control strategy was necessary for the control of VGT turbochargers on internal 
combustion engines.  






Chapter 8 - Transient control strategy 
 
 
Having investigated the complex behaviour of VGTs during transient operation, this 
chapter describes the comparison between several possible control strategies that 
have the potential of controlling the VGT efficiently. Based on the comparison, an 
advanced semi-physical control strategy was selected to address the challenges in 
controlling VGT during transients. 
 
The validation of the control strategy for three VGTs at two engine speeds is 
presented. Using the proposed strategy, the VGT can be controlled efficiently to 
achieve target engine torque and turbocharger speed, which cannot be reached by a 
simple PID controller. The optimum open-loop VGT trajectories can be captured by 
the strategy. 
 
The proposed control strategy is applicable to ECUs on modern internal combustion 
engines. The required effort for calibration can be significantly reduced by using this 
strategy. The structure of this strategy is also able to capture the response of the 
complex turbocharging systems such as two-stage turbocharging systems and Diesel 
air-path systems. 
  






8.1. Selection of control strategy 
The ECU control strategy for internal combustion engines on passenger cars is 
generally formed of sub-functions with different levels of complexity. The selection 
of the structure of each sub-function depends on factors that include the accuracy 
required, the characteristics and complexity of the target sub-system, the 
computational time, and the effort required to calibrate the model in the control 
strategy. 
 
For example, the throttle control strategy on gasoline engines, which aims to achieve 
a target relative air charge, always relies on the modelling of the flow characteristics 
of the throttle plate and the corrections of the air condition: the physics of this are 
relatively simple to capture. However, the control of spark timing and valve timing 
maps are commonly based on a large set of empirical data. Significant calibration 
effort is necessary, since the complex behaviours of the combustion system and 
scavenging system are difficult to capture in ECUs. Another example is the transient 
control of the fuelling system, which is correlated to the variation of engine load. 
Therefore, the calibration effort required can be reduced by using an intermediate 
parameter to capture the response of the system.  
 
On modern turbocharged gasoline engines, the turbocharger control strategy is 
normally formed of two parts: the physical model of the compressor and turbine for 
feed-forward control, and a close-loop feedback control. FGT turbochargers can be 
controlled using this structure with a feedback controller, because the waste-gate 
should be fully closed for fastest turbocharger acceleration before the target is 
reached. However, the optimum setting for the VGT varied during the transient, due 
to the non-monotonic and complex behaviours of the VGT. A simple feedback 
control strategy cannot capture this behaviour. 
 
A number of possible alternative control strategies inspired by the existing strategies 
and advanced technologies have been studied in this project. These are the possible 
strategies that could offer the fastest VGT turbocharger response during transient. 
These strategies are for transient operation, and they can be triggered when a tip-in is 






detected. In addition, if the target engine load during the transient is within the 
naturally aspirated region, engine volumetric efficiency, rather than turbocharger 
acceleration, should be the aim. Three possible structures of the control strategy for 
VGT turbochargers are compared below and listed in Table 8.1:  
 
1. Feed-forward VGT position limiter map 
 
This empirical approach sets the VGT opening based on a calibrated map, similar 
to the control of spark timing and valve timing. Because of the variations in the 
design of the VGT, each new VGT needed to be tested at a number of engine 
speeds. Thus, a look-up table can be formed to control the VGT position. The 
complexity of the look-up table can vary from 1-D (engine speed) to 2-D (engine 
speed and load), depending on the complexity of the response of the system. For 
example, the small VGT investigated in Chapter 7 might require complex look-
up tables because of the variation of the optimum VGT position between stages. 
 
However, similar to the control of spark timing and valve timing, significant 
calibration effort was required. In addition, calibration of the VGT setting during 
transient involved additional dimensions, including time during transient and 
engine load steps, resulting in an enormous amount of calibration work and 
considerable controller deficiencies. 
 
2. Feedback control of engine pressure ratio or delta pressure 
 
This semi-empirical approach used intermediate parameters to correlate the VGT 
position limitation. Either the engine pressure ratio or the engine delta pressure 
may be used as an intermediate parameter, as the engine volumetric efficiency 
and the turbocharger load were related to these two parameters. Figure 8.1 and 
Figure 8.2 show the correlation between the turbocharger speed rise and the two 
intermediate parameters. The maximum turbocharger speed rise at each stage and 
the corresponding engine pressure ratio/delta pressure are marked in the plots. 
  
















































































































































































































































































































Figure 8.1: Correlation between maximum turbocharger speed rise and the 
engine pressure ratio 
 
 
Figure 8.2: Correlation between maximum turbocharger speed rise and the 
engine delta pressure 
However, a large variation in the engine pressure ratio/delta pressure was found 
at the optimum VGT setting at each stage. Therefore, the turbine response could 
not be captured by using these two parameters. This was because the turbine 
behaviour was a function of a number of variables. In addition, since there is no 
direct control of the engine pressure ratio/delta pressure, a feedback structure was 
necessary. Thus, additional deficiency was introduced by this feedback controller. 
 
 






3. Feed-forward control based on the prediction of possible VGT trajectories 
 
Due to the complexity of the VGT behaviour, it could not be represented in a 
simple model. In addition, calibration of transient control is time consuming. 
Therefore, a VGT model that represented sufficient physical fundamentals was 
necessary to improve the accuracy and to simplify the calibration. 
 
This necessitated the use of a turbine mean-value model. This is a semi-physical 
model as this turbine model does not take into account the pressure and flow 
pulsations, although this is built based on the physical behaviours of the turbine 
under steady flow condition. The model assumes that the dynamics in the turbine 
boundary conditions can be ignored, so that the computational time can be 
minimised for real-time uses. This can be achieved with sufficient accuracy. The 
simplicity and the predictability of the model enabled the prediction of possible 
VGT trajectories in advance in real time. Thus, the optimum VGT trajectory 
could be selected. 
       
As was demonstrated in Chapter 7, the turbine power was always maximised in 
the optimum VGT trajectory. Therefore, the VGT setting that could provide the 
maximum turbine power was sought at any time step and was chosen for the next 
time step. 
 
Therefore, the semi-physical feed-forward control strategy that is based on the 
prediction of possible VGT trajectories was selected because of the high level of 
accuracy, minimum required calibration effort and the fast computational time.  
8.2. Development of the semi-physical control 
strategy 
Figure 8.3 demonstrates the proposed structure for the calculation for each VGT 
opening. The structure was based on the conventional approach for the calculation of 
turbine power. In order to predict the turbine operating points for all possible VGT 






openings, prediction of the engine volumetric efficiency was necessary for the 
estimation of turbine mass flow and expansion ratio, which also affected the engine 
boundary conditions and volumetric efficiency. Therefore, an algebraic loop was 
formed. The estimated turbine power of each VGT opening was averaged every 
cycle. Further, it was compared to find the VGT opening that provided the highest 
estimated turbine power every cycle. 
 
Several parameters were measured directly from the engine model while the 
simulation was running. Therefore, the prediction of the turbine operating condition 
was dependent on the current measurements, assuming that variation of these 
parameters between two adjacent engine cycles was negligible. Thus, the compressor 
behaviour at the current time step was used for the calculation of turbine power at the 
next time step, and the estimation of engine breathing was conducted using the 
empirical model of the volumetric efficiency. This simplified the tasks from 
modelling the behaviours of the entire engine to the modelling of turbine behaviours. 
 
Figure 8.4 shows the integration of the engine model and the strategy. The control 
strategy was formed of multiple sub-models, each of which has a structure (Figure 
8.3). The required measurements were sensed from the engine model and sent to the 
control strategy. The optimum VGT position estimated by the control strategy was 
used to actuate the VGT. Because of the use of these measured parameters, the 
computational effort required to run the mean value models was minimal. Thus, this 
could run on ECUs in real time. Table 8.2 lists the parameters that were required to 
measure and model in this control strategy. These parameters have already been used 
in model-based-calibration in modern ECUs. Therefore, this control strategy can be 
adopted on modern powertrains without significant modification.  
 
The volumetric efficiency models in modern ECUs are complex, and several inputs 
are used. In addition, a large number of tests need to be performed to calibrate the 
model. Therefore, it is out of the scope of this project to build a complex engine 
volumetric efficiency model. Thus, the polynomial model with the input of engine 
mass air flow and engine pressure ratio was implemented for the validation of the 
control strategy in the 1-D simulation environment. The data used to build this model 






were from the transient simulations carried out for the three VGTs. 
 
  
Figure 8.3: Diagram of the estimation of turbine power for each VGT opening 
 








Figure 8.4: Integration of the engine model and the control strategy 
 
Table 8.2: Summary of the parameters required to measure and model for this 
control strategy 
Name of parameter Source on modern engines 
Intake manifold pressure Measured 
Mass air flow Measured 
Engine volumetric efficiency Modelled 
Turbine mass flow Modelled 
Turbine inlet temperature Modelled 
Turbine outlet pressure Modelled 
Turbocharger speed Modelled 
 
 
As shown in the previous chapter, the coefficient of determination of the engine 
volumetric efficiency model was over 0.98. This was sufficient for predicting engine 
volumetric efficiency. A model was built for each of the two simulated engine 
speeds. However, when implementing this control strategy for a real ECU, the 
existing model of engine volumetric efficiency in the ECUs should be used instead. 
 
First order filters were used to enable the calculation of the algebraic loops in GT-
Power. To avoid oscillations and to simulate the response of the actuator on VGT 






turbochargers, the VGT position target was filtered, using a first order filter with a 
time constant of 0.1 seconds.  
8.3. Validation of the control strategy 
Figures 8.5–8.7 demonstrate the comparison of the VGT position and the 
turbocharger response for the open loop simulation, simulation with the semi-
physical control strategy and the simulation with fully closed VGT after tip-in. The 
target turbocharger speed and engine brake torque (80% of maximum torque rise) are 
also marked in the plots. The control strategy was enabled after tip-in. It is shown 
that the optimum VGT trajectories of the three VGTs at the two engine speeds can be 
captured. The opening of the small VGT at a later stage of the transients was 
predicted. 
 
Figure 8.5: Comparison of the VGT trajectories 
The turbocharger responses as a result of the control strategy were close to the 
optimum responses detected from the open loop simulations. It was found that the 
optimum turbocharger response could not be achieved in some cases, especially for 
the small VGT at 1500rpm. This was because of the level of accuracy of the engine 
volumetric efficiency model. Figure 8.8 shows the data points used to fit the 
polynomial model. In the case of the small VGT at 1500rpm, the engine operating 
point moved into the high flow/low pressure ratio region where no data were 
available. 
 






At this region, the engine pressure ratio was around 1. The effect of the engine 
pressure ratio on the scavenging process and the volumetric efficiency became 
insignificant. This resulted in inaccuracy in the estimation of the turbine power and 
hence the optimum VGT position. 
 
Figure 8.6: Comparison of the turbocharger response 
 
 
Figure 8.7: Comparison of the engine brake torque response 
Additional inputs to the model might be required to predict the volumetric efficiency 
accurately in this region. This could be improved when the polynomial model is 
replaced with the model used in the ECUs. Nonetheless, the turbocharger shaft power 
imbalance was small in this region, meaning that it was close to the end of a transient 
manoeuvre. The engine torque already exceeded the full load torque curve at the 






point where the VGT trajectory started to deviate from the optimum trajectory. 
Therefore, the transient response was not affected. 
 
Figure 8.8: Data points used to calibrate the engine volumetric efficiency model 
at 1500rpm 
In fact, when using this control strategy on real engines, the controller should be 
switched to steady state operating mode when the torque target has been reached. 
The switching should be triggered either by a negative change in driver’s demand or 
when the engine pressure ratio falls below a certain level, representing the end of a 
transient. 
 
It is worth noting that, for simulation of the medium VGT at 2000rpm, the 
turbocharger speed at the end of the transient was even higher than that found in the 
open loop simulations. This was because of the use of single step change VGT 
trajectories in the open-loop simulations. Therefore, the strategy was able to detect 
the optimum VGT trajectory. 
 
The turbocharger responses with fully closed VGT are also plotted in Figure 8.6. 
This was to represent the likely results if the control strategy was replaced with a 
conventional PID feedback controller, which would close the vanes to accelerate the 
turbocharger, since the non-monotonic response cannot be captured. Although using 
a VGT position limiter to assist the PID controller might improve the response, a 
large amount of calibration effort would be required. 
 
 






It is shown that the engine operating condition converged to a different point, and the 
target turbocharger speed could not be achieved. Table 8.3 summarises the time 
required to reach the target turbocharger speed corresponding to 80% of the steady 
state engine torque. With fully closed VGT, the target turbocharger speed can only be 
achieved with the medium VGT. This was because the optimum VGT position for the 
medium VGT was only 5% below fully closed vane position. 
 
In four out of the six cases simulated, the target turbocharger speed could not be 
achieved with simple PID controller. In the two cases where PID controller could 
achieved the target turbocharger speed, the turbocharger response time was improved 
by 15-19%. 
Table 8.3: Comparison of turbocharger response time between different 








Turbocharger response with 
open loop trajectory (s) 
4.74 2.25 1.45 
Turbocharger response with 
control strategy (s) 
5.08 2.28 1.48 
Turbocharger response with 
fully closed VGT (s) 
-- 2.81 -- 
2000rpm 
Turbocharger response with 
open loop trajectory (s) 
1.86 1.49 0.99 
Turbocharger response with 
control strategy (s) 
2.04 1.54 1.01 
Turbocharger response with 
fully closed VGT (s) 
-- 1.80 -- 
 
When the control strategy was enabled, the deficiency in the turbocharger response 
time compared with the optimum open loop VGT trajectories was below 0.05 
seconds for the medium and small VGTs, and it was up to 0.3 seconds for the large 
VGT. 
 
As a result, the control strategy was able to capture the non-monotonic behaviours of 
the VGT turbocharger. Benefits have been shown compared with the conventional 






PID feedback controller. It is also expected that the structure of this control strategy 
can be used for other complex air-charging systems, such as two-stage turbocharging 
systems and air-path systems with both turbocharger and EGR. For example, two-
stage turbocharging systems can be controlled with the behaviours of the two stages 
being estimated separately. This can be simulated by modelling a number of different 
positions of the bypass valves and VGT actuators.  
8.4. Conclusions 
In order to capture the complex behaviours of the VGT and to control it efficiently 
during transient operation, a semi-physical feed-forward transient control strategy 
was proposed based on the comparison between three possible strategies. The 
fundamentals and the capability of this control strategy were discussed in this 
chapter. The following conclusions can be drawn: 
 
1. Three types of control strategies with different complexity, calibration difficulty 
and accuracy have been compared in this chapter. Considerable calibration effort 
will be required if the empirical look-up tables were used for transient condition. 
In addition, the complex VGT behaviours cannot be correlated to an intermediate 
parameter. Thus, a semi-physical strategy that was able to predict the turbine 
performances of possible VGT settings in advance, and also able to select the 
optimum opening for the next time step was proposed.  
 
2. According to the findings in chapter 7, the optimisation criteria was to maximise 
the turbine power. Therefore, the proposed control strategy maximised the turbine 
power for the fastest turbocharger acceleration. 
 
3. The transient control strategy was validated in simulation for the three VGTs at 
two engine speeds. The non-monotonic behaviours of the VGT were captured, 
and the optimum VGT trajectories can be achieved. In four out of the six cases 
simulated, the target turbocharger speed could not be achieved with PID 
controller. In the other two cases, the proposed control strategy improved the 
turbocharger response time by 15-19% compared with PID controller. 







4. Since the prediction of turbine power was based on mean-value turbine model, 
real-time operation was allowed. The parameters used as inputs to the strategy 
were either measured or modelled in current ECUs on modern passenger car 
engines. Therefore, the challenges in applying this strategy to the current ECU 
were minimised. 
 
5. The structure of the proposed transient control strategy can also be used to 
control complex turbocharging systems, such as two-stage turbocharging systems 
and air-path systems, with both turbocharger and EGR. 
 






Chapter 9 - Conclusions 
 
 
In this final chapter, the contributions and conclusions of the work presented in this 
thesis are summarised. This will be followed by suggestions and recommendations 
for future work.  







The achievements presented in this thesis will be discussed with reference to the 
project aim and objectives laid out in Chapter 1. 
 
1. “Review the literature in the field of engine downsizing and turbocharging, 
especially the use of VGT technologies on gasoline engines.” 
 
A literature review was presented in Chapter 2. The principles of VGT technology 
were detailed, and several types of VGT were compared against each other. In spite 
of the challenges in applying VGT technology to gasoline engines due to the harsh 
exhaust conditions, and it has been used on production gasoline engines. This was 
achieved through the synergy between several internal combustion engine 
technologies, such as high knock-tolerance combustion system, water-cooled exhaust 
manifold and advanced turbocharger material. 
 
The use of the VGT technologies has the potential of facilitating further downsizing 
the gasoline engines. Fuel consumption saving of around 5% has been demonstrated. 
Studies also showed benefits in full load torque and transient response of up to 12% 
and 50% respectively. 
 
2. “Define and implement required testing and data acquisition systems. Apply test 
procedures to achieve repeatable and reliable experimental results.” 
 
According to the project aims and objectives, reliable and repeatable experiments 
need to be performed to evaluate advanced turbocharging systems and to provide 
experimental data for engine model calibration. Therefore, the required automated 
test control system, high frequency data acquisition system and detailed test 
procedures were presented in Chapter 3. 
 
Communication between test host system, ECU calibration tool, prototype hardware 
control system and data acquisition system was set up. Experimental data was 
recorded in different systems at various frequencies. In addition, detailed test 






procedures for steady state and transient tests were designed and performed. 
 
3. “Develop advanced turbocharger testing facility to enhance understanding of 
turbocharger behaviours under complex operating conditions.” 
 
Having reviewed of the challenges and the countermeasures in using turbocharger 
maps collected from conventional gas-stand, an on-engine turbocharger mapping 
facility was developed in this project. The design of the facility was presented in 
Chapter 4. A 95% confident region of 1.5% in measured compressor and turbine 
efficiencies was demonstrated. A VGT turbocharger was also mapped using this 
facility. 
 
This facility enabled detailed investigation of turbocharger behaviour under complex 
operating conditions. Experiments were performed in the engine speed range of 
2000rpm to 4500rpm (exhaust pulse frequency 67Hz to 150Hz) and in the turbine 
inlet temperature range of 340K to 1073K. A variation of up to 10% in compressor 
and turbine efficiencies were found and investigated. In order to improve the testing 
capability, recommendations to further improve of the facility were provided.  
 
4. “Calibrate and use engine model for simulation comparison, and to assist 
experimental investigation.” 
 
The procedure that was followed in the steady state and transient calibration of the 
engine model was described in Chapter 5. The combustion model, exhaust manifold 
model and turbocharger model of the 1-D engine model were calibrated using the 
experimental data collected in the engine operating region of 1000rpm - 5800rpm 
and 10 - 100% load. In general, the accuracy of the predictions was within 5% at 
both steady state and transient. In addition, the dynamic pressures were also captured 
with excellent accuracy. Suggestions were also recommended for future 
improvements of the combustion model and turbocharger model. 
 
5. “Develop thorough understanding of VGT behaviours at steady state. 
Demonstrate the potential of gasoline VGT technologies for engine steady state 








According to experiment results at 2000rpm, the maximum engine torque achieved 
was increased by 48Nm (17.7%) by replacing the FGT with the VGT. Fuel 
consumption in the boosted region was reduced by around 4%. Simulation 
demonstrated that the improvement was mainly due to the reduction in pumping 
work and the extended knock-limited spark timing window. 
 
Three VGTs of different sizes were selected for steady state simulations to 
demonstrate the potential of the VGT technology. The 3.1% improvement in fuel 
consumption was a result of the reduction in pumping work. The torque knee-point 
can be advanced by up to 250rpm. The trade-off between these two aspects was 
found for the selection of the optimum turbine size. This enabled further downsizing 
of gasoline engines for fuel economy. 
 
A novel configuration of VGT turbocharger with an additional waste-gate was 
proposed, to use the full potential of VGT by improving the matching of the turbine. 
 
6.  “Develop thorough understanding of VGT behaviour at transient conditions. 
Demonstrate the potential of gasoline VGT technologies for engine transient 
operation, and illustrate trade-off between steady state performance and 
transient performance.” 
 
The VGT transient trajectories were optimised in both experiments and simulations. 
The results of the experiments and simulations correlated well, demonstrating the 
capability of conducting transient optimisation using high fidelity engine model. To 
further improve the accuracy of the transient simulation in the future, turbine maps 
need to be collected at higher resolution at small openings. 
 
The engine transient response was divided into three stages and investigated. In order 
to minimise the time required to reach target engine torque during transient, the 
turbocharger acceleration should be prioritised before reaching the target 
turbocharger speed. The turbocharger acceleration was dependent on the optimisation 






of turbine expansion ratio, turbine efficiency, engine volumetric efficiency and 
compressor power. If engine torque drop during transient is to be avoided, turbine 
power should be maximised. 
 
According to simulation results, the turbocharger response time can be improved by 
up to 4 seconds (73.4%), by replacing the FGT with the VGT. The smallest VGT 
offered the largest improvements. Thus, the selection of VGT size was dependent on 
the trade-off between steady state performance and transient performance. 
 
The requirements for gasoline VGT are different from those for Diesel VGT. In order 
to further improve gasoline VGT technologies, maximum flow capacity and 
efficiency at small openings are the two key aspects. 
 
7. “Propose and develop a transient control strategy to maximise the potential of 
complex turbocharging systems. “ 
 
A novel semi-physical feed-forward transient control strategy was developed to cope 
with complex behaviours of VGT. This strategy is based on turbocharger mean-value 
model. It searches possible VGT positions in advance and selects the optimum 
setting for next time step in real time. 
 
The optimum VGT trajectories can be achieved. The target turbocharger speed could 
not be achieved with PID controller in four of the six cases simulated. By using the 
proposed control strategy, the turbocharger response time was improved by 15-19% 
compared with PID controller in the other two cases. Therefore, the non-monotonic 
behaviours of the VGT were captured. 
 
This strategy is applicable to current ECUs, and the calibration effort for transient 
response can be minimised. The structure of this strategy can also be used on other 
complex turbocharging systems, such as two-stage systems and Diesel air-path 
systems. 
  







The work performed in this project has had a number of impacts on the continuation 
of this project, as well as initiation of projects with different industrial partners. 
 
1. The on-engine turbocharger mapping facility has been further developed for 
the next phase of the project. More accurate boundary condition control has 
been implemented. The flow measurements have been upgraded to achieve 
high accuracy in a wide flow range. In addition, advanced turbocharger 
modelling techniques are being used to capture and understand the dynamic 
behaviour of turbochargers. 
 
2. The procedure of the engine model calibration has been used in other 
projects. The high level of the instrumentation used in this project developed 
a thorough understanding of calibration requirements. Therefore, the required 
instrumentation can be designed for each project with different aims and 
calibration targets. 
 
3. Recommendations for gasoline VGT turbochargers have been suggested. It is 
clear that the VGT technologies for gasoline engines and Diesel engines have 
different requirements for the flow and efficiency characteristics. Thus, the 
two applications are likely to divert in their designs. 
 
4. The structure of the semi-physical feed-forward transient turbocharger control 
strategy developed in this project can be applied to other complex 
turbocharging systems. This will enable the use of advance boosting systems 
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